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Abstract

With the enactment of the Kigali amendment, the HFCs are falling into disuse and HFOs are proposed to be
studied for replacement. R1233zd(E) as a new HTHP working fluid with low GWP has yet to be further
developed. The HTHP is an ideal replacement of boiler to supply heat in industry. However, the construction
of megawatt unit usually has a huge investment and may not achieve the desired results. Therefore, a
mathematical model is imperative to conduct the performance prediction. This paper proposed a model and it
can effectively verify the feasibility of the megawatt R1233zd(E) HTHP system, which recovers 60-80°C
waste heat and outputs 100-160°C pressured water. The conditions of condensation temperature from 90-160°C
with temperature lift of 50K, were calculated and the COP changed in 3.0-3.8. When evaporating at 60°C
and condensing at 110°C, the heat capacity was up to 1.95MW with COP over 3.8. From the results,
R1233zd(E) is a reliable refrigerant for both high temperature output and high system efficiency, which will
be a direction for future experiments.
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Nomenclature (usually used with subscript)

c specific heat (J/(kg-K)) o void fraction

¢,  specific heat (isobaric) (J/(kg'K)) Subscripts

c, specific heat (isovolumetric) (J/(kg-K)) cu copper

h convective heat transfer coefficient (W/(m*K)) C condenser

i specific enthalpy (W/K) crit critical condition

m mass flow rate (kg/s) CcoM compressor

N rotation frequency (HZ) d porous desiccant coating (including pores)
pressure (Pa) E Evaporator

P electricity consumption (W) f falling fill area

t time (s) ! full liquid area

T temperature (°C) r refrigerant

u x component of velocity (m/s) TP the two-phase refrigerant

% y component of velocity (m/s) rg saturated gas of the two-phase refrigerant
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124 volume (m®) rl saturated liquid of the two-phase refrigerant
A conductivity (W/(mK)) t tube

p  density (kg/m’) w water

! Characteristic length (m) v throttling valve

1. Introduction

Heat pump is an effective technology for improving grade of thermal energy, especially applied in
absorbing heat from air or industrial waste source. In terms of high temperature heat pump (HTHP), it is
mainly utilized in industry field to replace boiler [1] (e.g. coal combustion boiler, natural gas boiler, electrical
boiler), which can enhance utilization of energy significantly and decrease the consumption of fossil fuels.
R245fa has been recognized as the relative appropriate refrigerant for HTHP, which can achieve both high
heat sink temperature and COP [2]. In France, there is an R245fa HTHP unit achieves COP of 2.3 at 60°C
heat source and 100°C output temperature [3], and another large capacity unit (900-1200kW) can reaches
120°C sink temperature [4]. But with the promulgation of Kigali amendment in the 28™ conference of
Montreal Protocol, HFCs with high GWP (Global Warming Potential) need to be cut down gradually [5]. To
control the emissions of green-house gases, it is necessary and urgent to find better substitutes. HFOs with
GWP only 1 has been recommended as potential candidate for both HTHP [6] and Organic Rankine Cycle
(ORC) [7]. R1233zd(E), one kind of HFOs, has been studied widely in ORC to replace R245fa with
satisfactory result [7, 8]. For HTHP, Kondou and Koyama [9] has achieved huge temperature lift of 80K
(70/150°C) with remarkable COP of 5.3, similarly to that of R245fa. There is insufficient study of
R1233zd(E) used in HTHP, especially theoretical study. Therefore, it is essential to have careful theoretical
research of R1233zd(E) HTHP system for the optimization.

For theoretical research of heat pump, mathematical model is generally the basic key theory. There are
some mature methods shown in Fig.1 [10], ranging from simplified lumped parameter model to detailed
discretized model. This study mainly bases on the physics modeling methods and not takes black- and grey-
box models into account. Lumped parameter model is a common and class physics-based models for heat
pump system simulation. Typically, the temperature distribution in the heat exchanger is independent of the
coordinates and can be considered as averaged during the heat transformation. This approach effectively
simplifies the computation and leads to dimensionality reduction. Yao et al [11] proposed a lumped
parameter model for vapor compression system and the prediction models met with experiments within 10%
by converting the governing equations of conservation equations to state-space notation. Moving boundary
method [12] is generally cooperated with lumped parameter model. Heat exchanger is divided into separate
control volumes according single- and two-phase and properties are averaged in each phase. Moving
boundary method can reduce computational cost while providing details of phase boundaries, with relative
lower accuracy.

The detailed discretized models use finite volume and finite difference to divide the system component
into multiple control volumes. From the discretion of governing equations and solving equations
simultaneously, the time response of properties can be simulated. Therefore, the discretized models can
predict property change over smaller spatial scale. Compared with moving boundary method, finite volume
method was fond to be more robust [12]. But as a result of high accuracy, the calculation is more complex
and huger [10]. To simplify the formulation, most models neglect the momentum conservation equation. The
earliest dynamic research of vapor compression heat pump system can date back to 1985, Gruhle et al [13]
proposed an evaporator model (including momentum conservation) and a method for the control of
expansion valve. Mac Arthur et al [14] also proposed a discretized model of evaporator but neglecting
momentum conservation and verified by experiments. Hermes et al [15] reviewed the modeling methods and
simulated the response of a household refrigerator. Bendapudi et al reviewed the dynamic models of vapor
compression equipment [16] and proposed a discretized finite volume model (not including momentum
conservation) of a vapor compression system and validated with experiments [17]. They also discussed the
detailed model formulation and approaches for numerical solution.

For refrigerant, the space for flow is huge inside the shell and the distance between inlet and outlet is
relatively short. The pressure drop of refrigerant can be ignored. Therefore, discretized finite volume model
(without momentum conservation) is the approach of this study to better simulate the operation of a
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megawatt R1233zd(E) HTHP unit.

Fig. 1. Classification of modeling approaches for heat pump.
2. Model description

The studied unit is mainly composed of falling film evaporator, double-stage centrifugal compressor, shell-
and-tube condenser, electronic expansion valve and flash tank, shown as Fig.2. The double-stage centrifugal
compressor is divided into two independent compressors to show the intermediate vapor injection process
more clearly.

Fig. 2. Schematic of heat pump system cycle
2.1 Compressor model

The type of the compressor is double-stage centrifugal, of which the frequency Ncou is 501/s, the adiabatic
efficiency (7,) is 75%, mechanical efficiency (9,.) is 98% and the motor efficiency (1,,,) is 97%.
Actually, the capacity of centrifugal compressor is controlled by variable inlet guide vanes. In this study, to
simplify model the compressor is simulated to operate under wide-open vanes with maximum flow rate. The
basic governing equations are shown as equation 1, the mass flow rate m,con can be obtained, and given the
ircomin: (enthalpy of refrigerant from evaporator inlet) can get the i, comon (enthalpy of condenser outlet).
Finally, the power consumption of compressor can be calculated.

{ Mycom = NeomVeomPr.comin

_ (ir,iso—entropy_ir,COMin)

ierOMout - Ns + ir,COMinr ns = 0.75 )
p _ mr,CM(ir,COMout—ir,COMin)’ = 0.98, —097
COM Tmellmo Nme Mmo

* 833



FULL PAPER

834

13th IEA Heat Pump Conference 2020

2.2 Expansion valve

The function of expansion valve is to expand the refrigerant from high pressure and temperature to low
pressure and temperature meeting the evaporation condition. At the same time, the expansion can adjust the
flow rate of refrigerant by controlling the opening degree of valve to response to the load change. According
to equation 2, the mass flow rate m,, 7y of the expansion valve is determined by the pressure difference (p. rvin-
DPr.1vou), and the inlet enthalpy i, 7vis is considered to be the same with outlet enthalpy i, 7vow because of the
ideal iso-enthalpy throttling process.

Myry = K\/ (pr,TVin - pr,TVout)pT,TVin )

Lrvin = U,Tvout
2.3 Evaporator

In this model, the four tube-passes falling film evaporator is applied, with the arrangement of tubes inside
the evaporator approximately displayed in Fig. 3 and detailed number of tubes listed in Table 1. The outer
and inner diameter of tube (light tube) inside evaporator and condenser are all 19.05mm and 16.2mm
respectively. The general flow patterns of a falling film evaporator can be divided into film shape, column
shape and dry shape from top to bottom. There will be pluges of heat trasfer coefficent when drop spot
occurs, so the heat transfer process needs to be discussed seperatelly. The heat transfer coefficient inside tube
of evaporator and condenser is the same, calculated as equation 7. The coefficient of refrigerant outside the
evaporator in the falling film area is estimated as equation 8 [18]. When the liquide film evaporates to dry
out, the coefficent of heat transfer follows equation 10. In full liquid area, pool boiling heat tansfer
coefficient is calculated as the Cooper formula (equation 10) [19].

ANu _ A,,*0.023xReyBPri*

hw= Di Di )
hT,f = th

Ky = (1—0.335-2[2.059 + 2.37 1L 1 7.793(-2L)2] ®

dt sta Acrit dcrit
(hr,f = th
_ Kr crit _ ﬂ

Kq = o Rer, Rey ==~ )
Rer _ (Jily2) Recrir = 2(0.00339 * gy + 82.3)

Recrit derit

hyy = 55 * a7 M7l (=1gp.) ™%

(10)

m=012-0.21gR,, R, =03 — 0.4um

Fig. 3. Inner structure of falling film evaporato
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Table 1. Number of tubes of heat exchanger

Tube No. of tubes

Row Evaporator Condenser
1 19 12
2 19 23
3 19 24
4 10 23
5 19 24
6 19 24
7 19 25
8 10 24
9 19 25
10 19 23
11 9 24
12 10 23
13 24 22
14 21 21
15 18 18
16 15 13
17 10 8

Total 279 356

2.4 Condenser

A horizontal shell-and-tube condenser with one shell process and two tube processes, shown as Fig. 4.
The tubes of condenser adopted an equilateral triangle arrangement with total 356 tubes and the number of
every row is listed at Table 1. Because of the staggered arrangement, condensate may not fall directly on the
tube beneath as Fig. 5 shown, but falls on the slanted and middle tubes, which is defined as lateral drainage.
since the condensate drains over intermediate tube, the rows number of tubes should be adopted as Fig.5
reflected. From some ideal simplification, almost half of one tube volume is flooded. Above the analysis,
Eissenberg et al [20] proposed the heat transfer coefficient of condensation according different rows
(equation 11). From the equation, hn is set to the valve of h1 which is the first row of condensation.

’;l—" =0.7974 + 0.2327n"1/5
1

)
hy ui 1/3 — 4myy_1/3 (
n pf] 15236,

Fig. 4. Structure diagram of horizontal shell-and-tube condenser<1-2>

Fig. 5. Pure lateral drains and tube rows.
Here, the methods for control volume division and finite difference of condenser are described carefully,

and they are similar to evaporator. With the method of finite volume, heat exchanger is divided into limited
control volume according to the inner node method, shown in Fig.6. In condenser, superheated vapor enters
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from top and passes through the anti-shock plate, then it flows downward more uniformly. The vapor
condenses on the surface of the heat exchange tube, and the condensation liquid gradually flows downward
due to gravity. Cooling water flows into heat exchanger from low tubes and out of heat exchanger from up
tubes. When cooling water is out of low tubes (io.yju- side), there is a mixed process of tubes of is-iy which
is assumed as well mixed to Tyuis and the inlet temperature of i;-is is also Twmis. The results of discretized
equations (3-7) are in appendix, and it should be noted that the boundary of the model like nodes i, ijjus,
in+yj1 and in+jm, using Taylor expansion method to discretize. Because of the flow direction of refrigerant
and water, second-order upwind difference scheme is used as discretization method of governing equations.
Second-order center difference is called for discretization of tube wall governing equations due to no fluid
flowing and only energy conservation.

Fig. 6. Schematic of discretized finite volume of condenser.
2.5 Flash tank model

The flash tank mainly works to adjust the mass flow rate of vapor injection. The pressure inside flash tank
is same with outlet of first expansion valve and first-stage compressor. The saturated vapor is injected to the
middle of compressor and mix with the superheated vapor of outlet first-stage compressor to a moderate
superheat temperature. At the same time, the mass flow rate of main stream (evaporator) contains constant.

3. Calculation algorithm

Fig. 7. Framework of the system simulation of the HTHP
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The calculation algorithm of double-stage compression with intermediate vapor injection heat pump
system is shown in Fig.7. First, the evaporation pressure (p";zou), enthalpy of evaporator outlet ( i*;£ou) and
condensation pressure (p";cix) are assumed and the pressure between two-stage compressor is set, then the
mass flow rate of intermediate vapor injection can be determined. Refrigerant flows through compressor,
condenser and expansion valves, with current pressure of condensation (p;cin) calculated. With current p;cin
as initial input p*,ci, iterate p,ci, until p,ci is equal to p*.cin. Similarly, i, zou and p,.rou can be updated after
calculating the properties of evaporator and set i, zou and pyeou as assumed value of initial input until they are
equal. Transient properties of refrigerant, tube and water during the operation can be estimated by the
repeated calculation of iteration. The calculation is finished by C++ program.

4. Results and discussion

The simulated system is equipped with intermediate vapor injection system, in which saturated vapor from
flash tank was injected to the suction port of Second-stage compressor. Therefore, there will be an optimum
mid-pressure injection. Fig. 8-11 shows the system performances varying with the increasing of mid-pressure,
and the calculated working condition is evaporating at 55°C, condensing at 80°C, 2°C subcooling at the
outlet of condenser and mass flow rate of First-stage compressor constant at 15kg/s. In Fig.8, the vapor
injected mass flow rate shows a downward trend. When the open degree of first-stage throttle remains
unchanged, the pressure difference between inlet and outlet of throttle shrinks, and mass flow rate decreases
(according equation 2). Further, the superheat of Second-stage compressor discharge decreases slightly,
which is mainly due to the physical properties of R1233zd(E) that the slope of isentropic line is larger than
saturated gas line and the distance between them is closer in higher temperature area. Therefore, the
refrigerant compressed from mid-pressure to Second-stage will get the state closer to saturated gas line when
mid-pressure higher. The heating capacity is larger than 2 MW, and decreases with the mid-pressure
increasing, which is mainly due to the decreasing of mass flow rate in condenser (shown as Fig. 9). In Fig. 10,
the power consumption of First-stage and Second-stage compressor are compared and the consumption of
Second-stage compressor decreases with the increasing of mi-pressure. The decline is mainly because of the
decrease of injected vapor mass flow rate and enthalpy difference. The increasing enthalpy difference with
mi-pressure increasing is the reason of power consumption of First-stage compressor increase. Last, the
system COP is calculated, shown in Fig. 11. There is a peak value with the increasing of mid-pressure,
therefore, an optimum mid-pressure exists. The COP is calculated according to the definition that ratio of
heating capacity to power consumption. Actually, the heating capacity and total power consumption are both
decreasing, so, the changing trend of COP is owing to the relative changing trend of them.
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Fig. 8. Variation of superheat of compressor and injected vapour Fig. 9. Variation of heating capacity with mid-pressure increasing
mass flow rate with mid-pressure increasing
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Fig. 14. Variation of COP with condensing temperature Fig. 15. The temperature distribution of refrigerant inside shell-
increasing (in different AT) tube condenser according to the tube row

Further, the system performance in different working conditions are simulated at fixed temperature lift and
optimum mid-pressure injection (evaluated as equationl2 [21]), shown as Figl2-14. Heating capacity
reduces with the condensing temperature increasing (Fig.12), which is mainly attributed to the enthalpy
difference decreasing in higher temperature area. At the same time, the heating capacity decreases with the
temperature lift dropping, which is owing to that higher evaporation temperature leads to higher optimum
mid-pressure and less injected mass flow rate. In Fig. 13, the total power consumption decreases with the
absolute slope smaller. The power consumption increases with the temperature lift larger. Even the heating
capacity of condition AT=90K higher than other, the higher power consumption decides the COP of AT=90K
is the smallest. And from the comprehensive consideration of heating capacity and power consumption, the
COP also has a fluctuating change with the increasing of condensing temperature (shown as Fig. 14). The
change is also because of the different reduced rate of heating capacity and power consumption.

Popt = +/PePc (12)
To reveal the inner detailed heat transfer process, temperature distribution of refrigerant inside shell
according to the tube row is reflected as Fig. 15. Initially, cooling water (100°C, 115kPa) is pumped to heat
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exchange tube of condenser with 32L/s, and the vapor refrigerant (110°C and 1.28MPa), with about 30°C
superheated. In the first three rows, the superheated refrigerant vapor exchange sensible heat with tube. In
the 4-14th row, refrigerant condenses to liquid gradually and exchange latent heat with tube. During the
condensation process, the condensate flows from top to full liquid area, therefore, some single-phase heat
transfer also appears in two-phase heat transfer area. In the bottom of condenser, there is full liquid area, with
saturated liquid cooling to subcooled liquid. The outlet temperature of refrigerant in condenser is about
108°C, with about 2°C subcooled.

5. Conclusion

In this paper, a mathematical model of megawatt HTHP system adopting R1233zd(E) refrigerant is built.
From the discretization of governing equations and the division of limited finite volume, parameters at each
control volume can be obtained. The optimum injection mid-pressure is estimated, and due to the physical
properties of R1233zd(E), the injected mass flow rate dropping with the increasing of mid-pressure. To
predict the operation performance of megawatt R1233zd(E) HTHP, the conditions of condensation
temperature from 90-160°C with temperature lift of SOK, 70K and 90K were calculated. In the condition of
50K temperature lift, he COP changed in 3.0-3.8, and there is a peak value in the range. When evaporated at
60°C and condensed at 110°C, the heat capacity of this heat pump system was up to 1.9MW with COP above
3.8 during stable operating. From the results of model, R1233zd(E) is kind of a reliable refrigerant for both
high temperature output and high system efficiency, which will be a direction for future experiments.
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