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Abstract

Process industries are responsible for a large share of the global energy demand. While refrigeration systems are used in
the industry for the supply of cooling, the introduction of high-temperature heat pumps (HTHPs) and electric boilers to
supply heat is necessary for the electrification of this industry. Combining the refrigeration system and the HTHP may
offer an opportunity to improve the overall efficiency and facilitate the integration of HTHP. However, fluctuating, and
non-continuous demands make the integration of a combined heat pump for simultaneous heating and cooling (HPS)
more challenging as the heating and cooling capacity for such a system is coupled.

This study compared a cascade HPS with an R-717 bottom cycle and R-718 top cycle to a reference system consisting of
a R-717 refrigeration system releasing excess heat to the ambient and a HTHP with R-717 and R-718 using the ambient
as a heat source. The HPS configuration included heat exchangers with ambient air, and ambient heat sources to meet all
combinations of heating and cooling demands. The comparison was carried out for an industrial brewery case and was
based on numerical modelling.

For each combination of heating and cooling load the usage of ambient air as heat source and sink was adapted and
simultaneously the pressure levels in the HPS were optimized for minimum electricity consumption. The influence of the
ambient temperature was also analysed.

At design conditions the electricity consumption of the HPS was 9.8 % lower than the electricity consumption of
reference system, but only 2.1 % lower on a yearly basis, due to the fluctuating demand profiles. This indicates that the
HPS did not offer a substantial improvement in in terms of thermal efficiency compared to the reference system.
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1. Introduction

Process industries are responsible for a large share of the global energy demand and comparably large
CO, emissions. According to [1], 69 % of the European industry’s energy consumption is used for process
heating and cooling, with 40 % being delivered at temperatures below 200 °C. These processes show great
potential for electrification, and through this reducing overall greenhouse gas emissions [2].

Refrigeration systems based on vapour compression cycles have been used in the industry for the supply
of cooling since the mid-19" century [3] but the introduction of high-temperature heat pumps (HTHPs) and
electric boilers to supply heat is not as prevalent in today’s market in comparison. Nevertheless, HTHPs are
an efficient and feasible solution for the total electrification of this industry [4]. However, increasing the
temperature lift of the HTHPs to reach higher supply temperatures yields a lower coefficient of performance
(COP) resulting in higher operating expenses (OPEX) challenging the economic potential.

Combining the refrigeration system and the HTHP into a single heat pump for simultaneous heating and
cooling (HPS) offers an opportunity to improve the overall efficiency of delivering heating and cooling
requiring one system instead of two [5]. However, the part-load performance of such systems has not been
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analysed. At the same time, the existing cooling utility could be fully or partly replaced facilitating the
electrification of the industry.

When operating a HPS, two thermal energy streams, one for cooling and one for heating, are produced
simultaneously. Therefore, it is interesting for the user that the HPS operates in simultaneous mode as much
as possible. However, the energy demand of industrial processes varies throughout the day.

The combination of batch processes and continuous demands dictates load variations on an hourly and
daily basis [6], but weekly and seasonal variations also exist. As the heating and cooling capacity of the HPS
are coupled, either heating or cooling will be in excess in most operating conditions when fulfilling the
needed heating and cooling demands of the processes. The HPS will therefore either expel the excess to the
ambient or fill a thermal storage. However, for large demand variations like seasonal trends, a thermal
storage requires substantial amounts of space [7]. The HPS needs to adapt its operation to fulfil its function.
Hence, the variability of the non-continuous energy demands makes the integration of a HPS more
challenging where both operation during design conditions and during part-load are essential.

This study conducted a case study of supplying simultaneous heating and cooling with a HPS for a
Danish brewery. The analysis was based on daily average consumption data assuming that daily variations
were covered by existing heat storages. The HPS was designed to cover all demands of cold- and hot water
with no further required utilities. The daily and yearly operations were evaluated in terms of electricity
consumption and Lorenz efficiency, while being compared to a reference system which consisted of two
separate utilities, a HTHP and a refrigeration cycle, respectively.

2. Method

This section presents the method and concepts used for the modelling, analysis, and evaluation of the
HPS. First, the investigated case study is presented followed by the thermodynamic modelling of the HPS
system and the reference system. Finally, relevant performance indicators are introduced which were used to
assess this strategy for electrifying industrial processes.

2.1. Brewery case study

The industrial facilities chosen for this study was a Danish brewery producing a large variety of products.
The consumption data and the ambient temperature for the year 2021 was used in the case study. The heating
demand of the actual production facilities was traditionally covered by a natural gas boiler supplying hot
water. The cold water was supplied by a refrigeration plant covering the cooling of products both during
production and storage. The demand profiles used are presented in Figure 1 together with the ambient
temperature. The orange curve shows the heat load, the blue curve shows the cooling load, and the grey
curve shows the ambient temperature.
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Figure 1: Daily average heating and cooling load supplied by hot water and cold water, respectively. The daily average temperature is
presented on the secondary axis.
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The heating demand follows a bi-weekly schedule with very little influence from the season. The demand
fluctuates between 1350 kW and 2330 kW depending on the day. The demand for cold water follows a
seasonal trend with lower loads during colder months. The cooling load is also low in May due to the product
being transported directly to the customers to a higher degree. The demand varies between 290 kW and
1720 kW. This means that the ratio between the heating and the cooling demand is largest during the winter
and smallest during the summer. The ambient changes with a seasonal trend between -7 °C and 21 °C.

The hot water is produced at a temperature of 145 °C by reheating the return water at 110 °C. The cold-
water supply temperature is 2 °C while it returns at a temperature of 8 °C as presented in Table 1. The design
cooling load of the HPS was chosen as 80 % of the maximum cooling demand, i.e., 1380 kW. The design
heat load was corresponding to running the described cooling load without expelling any excess heat,
resulting in a design heat load of 2230 kW. It is assumed that there is already a storage big enough to
mitigate the daily variations in demand.

Table 1: Design conditions for the HPS at 80 % load given by the case study.

Design parameter Value

Hot water supply temperature Tsinkout 145 °C
Hot water return temperature Tsinkin 110 °C
Cold water supply temperature  Tourceout 2°C
Cold water return temperature Tsource,in 8°C
Design heat load Qheat 2230 kW
Design cooling load Qcool 1380 kW
Lorenz COP COPyor.comb 5.37

2.2. Heat pump modelling

The HPS considered for this case study was an electrically driven vapour compression cycle in a cascade
configuration.

The model consisted of an evaporator at the heat source and a desuperheater, condenser and subcooler at
the heat sink as visualised in Figure 2 to the left producing hot water at 145 °C and cold water at 2 °C at the
sink and source, respectively.

In between the source and the sink, a cascade of two two-stage vapour compression cycles was applied.
Both cycles were modelled in a configuration with a bubble-through intercooler minimizing the superheat at
the inlet of the high stage compressors. The bottom cycle was modelled with ammonia (R-717) as the
refrigerant while the top cycle was modelled with water (R-718) as the refrigerant. The two cycles were
connected through a set of cascade heat exchangers (HEX). The first one responsible for desuperheating the
ammonia (4—35) while the second HEX was assumed to condense the ammonia (5—6). On the secondary
side, the mass flow of R-718 was controlled such that a superheat (ATsy) of 0.5 K was ensured at state point
21 shown in Figure 2.

The four compressors (1—2, 3—4, 21—22, and 23—24 in Figure 2) represent a compression process. An
isentropic efficiency of 70 % was applied for all compressors, since this value is common for theoretical
calculations [8]. The expansion valves (7—8, 10—11, 27—28, and 30—31) were modelled as isenthalpic
expansion processes leading the refrigerant into the evaporation process or the liquid separator. The liquid
separators (state points 9 and 29) were assumed ideally mixed with pure liquid exiting out the bottom (state
points 10 and 30) and vapour leaving with a ATg;=0.5 K out the top (state points 3 and 23).

The heat exchangers with ambient air (5a—6a and 11a—11b) were used to expel excess heating or
cooling capacity of the HPS. A fraction of the mass flows at point 4 and point 11 went to the ambient air heat
exchanger to match demand from the process (see Figure 1). The two ambient air heat exchangers were
assumed to always be able to transfer enough heat so the conditions of 6a was equal to 6 and 11b was equal
to the conditions of 13.

All heat transfer processes were assumed isobaric. A minimum temperature difference of 5 K was chosen
for all the heat exchangers at design conditions as in [9]. The subcooling process in the top cycle (26—27)
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and the bottom cycle (6b—7) was maximised so the outlet conditions were set to 5 K above the sink inlet

temperature and the ambient, respectively.
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Figure 2:PI-diagram of the combined heating and cooling system, HPS to the left, and the reference systems to the right.

As described, the heat exchangers with ambient air (5a—6a and 11a—11b) were used to expel excess
heating or cooling capacity of the HPS to match the process demand. The corresponding control narrative is
presented in Table 3 when heat is either in excess or lacking compared to operation according to the design

point.

Table 3: Control narrative of the HPS system during different load conditions.

Load conditions

Operational condition

Heat and cooling load is balanced according to design point
Heat load exceeds excess heat from the cooling system

Cooling load offering more excess heat then the HP system
requires

The HPS delivers heat to the sink and cooling to the source.

Absorb heat by operating the air HEX parallel w. the
evaporator

Expel excess heat by operating the air HEX parallel w. the
cascade HEX

A minimum of 0.5 K superheating was considered before the low-pressure compressor of each cycle
(point 1 and 21). The condensing temperature of the bottom cycle was optimized for the highest Lorenz
efficiency (Equation 2), while fan power pressure losses were neglected. The assumptions at design

conditions as in Table 1 are summarised in Table 2.



14" |[EA Heat Pump Conference 2023 Paper 273

Table 2: Assumptions for thermodynamic model of the heat pump used in simulations at design conditions as in Table 1.

Component Assumptions Value
Evaporator Pinch point temperature difference ATginen = 5K

Minimum superheating ATgy = 0.5K
Condenser Pinch point temperature difference in the desuperheater, condenser, and ATginen = 5K

Shared cascade heat
exchanger

Heat exchangers with
ambient air (5a—6a and
11a—11b)

Air subcooler (6b—7)

Liquid separator

Compressor
Throttling valve

Overall system

subcooler.

Design heat load

Pinch point temperature difference

Condensing temperature of bottom cycle optimized for highest 1,

Same conditions out of HEX as the parallel HEX

Refrigerant maximally subcooled by the ambient temperature.
Intermediate pressures optimized for highest overall 1.

Saturated liquid and slightly superheated vapour towards lower pressure
and intermediate pressure side, respectively.

Fixed isentropic efficiency
Isenthalpic expansion

Fan power neglected

No pressure losses considered

R-717 and R-718 used as refrigerants for the bottom and top cycle
respectively.

Opeat = 2230 kW

ATpinch = 5K

hea = he and hyyp = hys

ATpinen = 5K
ATe=0.5 K

Nis =70 %

At the design conditions, the required UA-value of each heat exchanger of the HPS was determined using

Equation 1.

Qx = (U~ A)i - LMTD,,

(1)

Where @, is the given heat load, (U - A) is product of the heat exchanger area and the heat transfer
coefficient at design conditions, and LMTD;, is the logarithmic mean temperature difference [10], all for

HEX k.

During operation at conditions away from the design point, the LMTD changed depending on the heat load
experienced by the specific HEX as the UA-values were assumed to be constant.
For the comparison a reference system was modelled as presented to the right in Figure 2. The refence

HTHP was modelled using the same configuration as the HPS system with a heat load at design conditions
of 2230 kW but utilizing ambient air as an isothermal heat source. Similarly, a refrigeration cycle was
modelled for the cold utility. This system was represented by an ammonia cycle like the one shown in the
bottom right Figure 2 with the ambient air as an isothermal heat sink. The condensing temperature of the
refrigeration cycle was given a lower bound of 10 °C.

The parameter variations are done by varying the total compressor power between 360 kW and 1320 kW
and the utilisation of the heat exchangers with ambient air between 0 % and 100 % while optimising the

NvLor-

2.3. Performance parameters

For evaluating the performance of the HPS two performance indicators were used. The first one is the power
consumption of the compressors while the second was the second law efficiency, n;,,.. This was defined as
the ratio between the combined COP, COP,,;,, of the HPS and the maximally achievable COP, as in
Equation 2.

COPc:omb

—_—~comb 2
Mer COPLor,comb ( )

Where the COPy comp denotes the COP of a Lorenz cycle where both heating and cooling is considered a
product at the given boundary conditions defined in Equation 3 [5].
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Tsink,av + Tsource,av (3)

COPLor,comb -

Tsink,av - Tsource,av

With Tgink av and Tsource av D€ING the thermodynamic average temperatures of the sink and source streams.
They are defined as the logarithmic means as in Equation 4.

T _ Tsink,out B Tsink,in T _ Tsource,in B Tsource,out 4
sink,av — T source,av — T. . ( )
sink,out source,in
sink,in source,out

Here sink out is the hot water supply, sink in is the hot water return, source in is the cold water return
temperature, and source out denotes the cold-water supply temperature.

The COP,,,y, is defined in Equation 5 as the sum of the supplied heating, Qpe4:, and the supplied cooling,
Qcoo1, divided by the sum of each of the compressor’s power, W,.

. n .
Copcomb — Qheat Qcool (5)

LW
The difference in total compressor power of the two solutions, Wy, Was used as a measure to compare
the OPEX of the two solutions. This was defined as the difference in compressor power of the HPS, Wyps,

and compressor power of the reference system, W,¢. This is defined as the sum of the compressor power of
the high temperature heat pump, Wy rhp, and reference system refrigeration cycle, W, as in Equation 6.

Waitr = Wips — Warnp + Wresri) = Wips — Wret (6)

Lastly, the normalized difference in power, Wdiff_norm, is defined using the power of the HPS system at
the design conditions, WHpsydes as in Equation 7.

: Wdiff
Wdiff,norm == (7)
WHPS,deS

The performance of the cycles was examined by numerical modelling based on energy and mass balances
as described in this section using Python [11] and CoolProp [12] for its thermophysical properties. The
minimize function in [13] was used for the optimisation of the COP by changing the condensing temperature
of the bottom cycle and the intermediate pressures of both the top- and the bottom cycle. All data was
collected, analysed, and visualised using the Pandas library [14].

3. Results

The HPS and the reference system models were used to assess the performance at design conditions for
varying ambient temperatures. Additionally, the compressor power at varying heat- and cooling loads were
mapped to assess the off-design performance of the HPS compared to the reference system. Finally, the
systems were compared in terms of yearly energy consumption using a quasi-steady state approach.

The calculated compressor power of the HPS is presented in Figure 3 as a function of the required heating
and cooling load. The utilisation of each heat exchanger with ambient air was varied from 0 % to 100 % in
steps of 5 % for all combinations. The total compressor power is varied from 360 kW to 1320 kW in
increments of 120 kW. Each grey diamond represents the results of a simulation with a specific utilisation of
the heat exchangers with ambient air. The grey curves indicate the pareto fronts in terms of supplied heating
and cooling for a specific sum of compressor power. The design point, as defined in Table 1 is marked with a
red dot. The simulations were done at an ambient temperature of 20 °C.

The grey curves in Figure 3 are the most efficient operating points for the HPS for a specific combination
of demands. The inclination of the grey curves changes with a varying cooling load. At 0 kW cooling load
the evaporator is completely bypassed getting all heat for the bottom cycle from the air source. Following the
grey curve for 1200 kW compressor power, for higher cooling the potential heat load decreases. This is due
to the higher evaporator utilisation increasing the heat load of the component, increasing the LMTD as in

6
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Equation 1. This trend continues until reaching the design point in the steps of about 5 % in correlation with
the utilisation of the bottom heat exchanger with the ambient air.

From here, the heat load decreases rapidly for an increased cooling load. This is the second heat
exchanger with ambient air bypassing the cascade HEX being used increasingly until the top cycle is fully
bypassed. Thereby, the compressor power from the top cycle can be utilised in the bottom cycle instead,
hence increasing the potential cooling load. However, the maximal cooling load will reach a maximum,
when the bottom cycle compressors reach their maximal operating conditions which are not considered in
this study. The remaining combinations of heat exchangers with ambient air utilisation and compressor

power yield non-optimal working conditions with lower efficiency.
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Figure 3: Compressor power at varying heating and cooling loads of the HPS at an ambient temperature of 20 °C.

Similar simulations were performed for the HTHP and the refrigeration cycle as in Figure 3. The
normalized difference in compressor power of the HPS and the reference system at the same heating and
cooling load is presented in Figure 4. The heat load ranges from 0 kW to 2500 kW and the cooling load from
0 kW to 1750 kW. An ambient temperature of 20 °C was assumed. The result is normalised with the
compressor power of the HPS at the design point. Negative Wit norm indicates a lower compressor power

for the HPS. The opposite is true for positive Wit norm, Where the HPS will perform worse than the refence
HTHP and refrigeration cycle.

= 0.5
2500
‘ [ ]
0.4
20001
5 03 E;
2 1500 =
= i)
FU [E—
5 02 g
= g
E 1000 o
0.1 .=
. =
5001 =
0.0
o 200 400 600 800 1000 1200 1400 1600 o1
Cooling load [kW]

Figure 4: Difference in compressor power of the HPS compared to the separate systems at 20 °C ambient temperature.
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From the contour plot in Figure 4 we observe values of Wyt norm between -9.8 % and +47.1 %. The
result may be divided into three cases:

- Heat and cooling load is balanced according to design point: The efficiency of HPS is higher as
shown by the dark green area. Wy;s is from 0 % to 9.8 % lower for the HPS than for the reference
system in this area, with the highest values close to the design point. The area is a wedge shape
(outlined with red) spanning from the design point towards the origin. This is as expected since the
HPS will operate at similar ratios between the heating and cooling load in this region with minimal
usage of the heat exchangers with ambient air.

- Heat load exceeds excess heat from the cooling system: The HPS is less efficient than the reference
system by up to 10 %. This is due to the expelling of excess cooling which does not significantly
affect the power consumption of the HPS as seen in Figure 3.

- Cooling load offering more excess heat then the HP system requires: The HPS is less efficient
than the reference system by up to 47.1 %. The HPS is penalised comparatively more from an
increased cooling load, especially for low heat loads. This is due to the high lift of the bottom cycle
compared to the to the reference system.

This indicates, that the HPS will benefit from a high, and stable heat load, where the dark green area is the
largest. At the same time, oversizing the HPS will lead to a smaller benefit as the area with negative Wg;
gets relatively slimmer. A lower cooling load than expected will not hurt the performance as much.

Figure 3-4 show results for constant ambient temperature. This is not the case during yearly operation.
Therefore, the effect of varying the air temperatures on the HPS and the reference system was analysed. The
performance was evaluated in terms of Lorenz efficiencies at the design point (a heat load of 2230 kW and a
cooling load of 1380 kW). The results are shown in Figure 5 both as a function of the ambient temperature
and the time of year.

The air temperature affects the two systems differently. The Lorenz efficiency of the HPS (blue) is close
to constant for varying air temperatures. This is expected since only the possible subcooling of the bottom
cycle is affected by the ambient temperature. 7, increases for lower temperatures, since a higher
subcooling can be obtained. The HTHP and refrigeration cycle (orange) experience a larger effect from the
air temperature. i, increase with higher temperatures. Higher temperatures result in a larger temperature
lift of the refrigeration cycle while the HTHP will overcome a smaller temperature lift. The same is seen
through the year (Figure 5 to the right), where the HTHP and refrigeration cycle have a higher 7, in the
summer months, while the efficiency of the HPS is close to constant.

The overall result is the same independent of the ambient temperature. The HPS has a higher 1, at the
design point for every ambient temperature. The difference decreases from 6.24 %p for an ambient
temperature of 0 °C to 3.99 %p at 21 °C. This is due to the ambient temperature getting closer to the
temperature in the cascade HEX. The HPS has the advantage of being able to optimize the temperature
between the two cycles which increases the 7. This means that the difference in performance will be more
pronounced during the colder months.
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0.65 1 Reference

0.40

0 5 10 15 20 Jan Mar May Jul Sep Nov
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Figure 5: The Lorenz efficiency of the systems at the design loads for varying ambient temperatures (left) and for each of the days of the
year of 2021 (right).
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In Figure 6 the compressor power of the HPS (blue) is compared to the HTHP and refrigeration cycle
(orange) throughout the year 2021. The top figure of Figure 6 shows the compressor power for every day for
both solutions. The compressor power varies between 676 kW and 1348 kW for the separate systems and
between 684 kW and 1282 kW for the HPS. The biggest differences are during July and August when the
HPS has both the highest and the lowest compressor power.
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Figure 6: Compressor power of the HPS compared to the HTHP and refrigeration cycle throughout the year 2021. The top figure is the
compressor power at every day, while the bottom figure shows the difference in the average power used by the compressors up til that
date.

The bottom figure of Figure 6 shows the difference in the compressor power throughout the year. The
difference is normalised with the compressor power of the HPS. The blue line indicates the average
difference through the year which is 2.1 % in favour of the HPS. The difference in power varies between -9.2
% and 14.2 % being highest in August and the end of October while being lowest in February and March.
This is expected as the ratio between the heating and the cooling demand is largest during the winter and
smallest during the summer as seen in Figure 1. This yields operating points that are further away from the
design point, which is in favour of the separate systems, as shown in Figure 4. Furthermore, the warmer
temperatures during the summer months yield a higher 1, for the separate systems as seen in Figure 5.

4. Discussion
4.1. Alternative configurations of the HPS

The presented HPS is one potential configuration of a vapour compression cycle. Several other
refrigerants and configurations could potentially supply the heating and cooling required by the processes.
The work in [15]-{17] shows promising performance for heat pumps with hydrocarbons, water, or zeotropic
mixtures as the refrigerant with improvements of up to 36 % compared to conventional solutions.

An alternative cycle that could be analysed was presented in [18] utilising two bottom cycles to produce
hot and cold water and the top cycle to produce steam. The cycles were connected by a flooded cascade
HEX, which additionally acted as a buffer tank. This buffering effect could potentially mitigate some of the
penalties of operating away from the design point. The two bottom cycles will, however, introduce further
energy demands to consider for a similar study as in this work. Another alternative is the inclusion of a back-
up refrigeration cycle with air-cooled condensers or a condenser after the first pressure stage in the bottom of
the HPS. This would grant additional cooling capacity with a temperature lift of the ammonia to the ambient
temperature instead of the cascade HEX temperature. This will increase the COP following Equation 3 as
Tsink,av Will decrease.
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4.2. Choice of design point

The choice of design point is not trivial and requires full knowledge of the future energy demands. Even
when knowing this, it is not possible to choose a design point matching both the heating demand and the
cooling demand. By choosing one, the other one is given by the energy balance and the cycle COP. This is in
strong contrast to other HPS cycles like in [19] where a CO; refrigeration cycle produces space heating as a
by-product and cooling as the main product. Thereby, the cooling demand will not define the operating
conditions. If the average heating and cooling demand do not correspond to the balanced energy flows of the
installed system, off-design conditions will inevitably lead to lower efficiencies for the specific case. In these
cases, a HPS will not be suited to deliver the needed heating and cooling without auxiliary equipment.
Therefore, more work is needed to determine the optimal design point of the HPS.

4.3. Practical challenges related to the modelled HPS and reference system

The modelled systems were based on a set of decisions that might affect the result. The superheating
before all compressors is assumed to be 0.5 K which is normal for flooded evaporators but not for HEX's
controlled using thermostatic expansion valves as depicted in in Figure 2. It is not obvious if changing the
assumed superheat, will benefit the HPS or the reference system the most. However, the low superheat
potentially favours the reference system as it has three evaporators being affected opposed to two for the
HPS.

Additionally, the minimum condensing temperature of 10 °C for the ammonia refrigeration cycle
potentially implies a two small temperature lift for a 2-stage system. A single-stage cycle could be needed
lowering the COP of the cycle, which would favour the HPS. Furthermore, alternative isentropic efficiencies
or pinch temperature differences could impact the result.

4.4. Fluctuating heating and cooling demand profiles and potential for the inclusion of storages

As indicated by Figure 4 and 6, the varying demands for heating and cooling substantially lowered the
efficiency of the HPS. This was also mentioned by [5], who experienced difficulty delivering the correct
amount of heating and cooling simultaneously. The same problem is not addressed by [7], as the HPS only
provided 80 % of the heat demand with several backup systems and built-in hot water tanks mitigating the
problem, but not leading to full electrification.

An assumption for this study was that all daily fluctuations in the heating and cooling demand profiles
could be covered by an already installed storage or buffer capacity. Expanding this assumption with larger
storage capacities could mitigate the bi-weekly variations in the heating demand of this case. However, this
will require further investigation. Nevertheless, even an infinitely large storage cannot solve this problem if
the average heating and cooling demand on a seasonal timescale does fit with the energy balance of the
installed system.

4.5. Economic potential

This study showed a 2.1 % decrease in power consumption over a year of operation. This margin
indicated that the lower OPEX should not be the only reason for choosing a HPS as the only heating and
cooling utility for all industrial cases. It should be noted that fan power has been neglected which will be
biggest for the reference system. The operation of large air HEXs could also lead to increased maintenance
cost and down-time from required defrosting. Nevertheless, as the HPS had fewer total components than the
separate systems, the capital cost could be lower, leading to a better pay-back time on the initial investment.
However, the capital cost of the system was shown to be neglectable in [21 - 22] in comparison to the OPEX
for high operating hours such as industrial breweries. Therefore, the best solution would allow the HPS to
operate at design conditions most of the time while having flexible, auxiliary utilities to cover the variations
in demand maximizing the overall efficiency even at higher initial investments.

5. Conclusion

Industrial processes require substantial amounts of energy to cover their heating- and cooling demands.
Increased use of electricity in the industry will be necessary for a reduction in the emitted greenhouse gases
emitted by the current equipment.
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This study evaluated the potential of using a HPS for simultaneously producing hot water at 145 °C and
cold water at 2 °C with higher efficiency than a separate HTHP and a refrigeration cycle. The HPS was
evaluated by using a case of a Danish brewery with continuous energy demands.

The results showed that the electricity consumption of the HPS decreased by 9.8 % at design conditions
compared to a separate heat pump and a refrigeration system. However, the separate systems perform better
when the ratio between heating and cooling demand differs substantially from the design point. This trend is
more pronounced for low heat loads and high cooling loads. The ambient temperature shows a neglectable
effect on the combined system while separate utilities vary by 6 % in Lorenz efficiency.

A yearly quasi-steady simulation showed a 2.1 % lower electricity consumption for the HPS indicating
neglectable benefits in terms of operational costs. However, the HPS may present a lower initial investment
compared to the supply of heating and cooling individually.
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Nomenclature

Description (unit) Symbol Subscripts and superscripts Symbol
Heat exchanger area (m?) A Average av
Coefficient of Performance (-) COP Combined heating and cooling comb
Enthalpy (J/kg-K) h Cooling cool
Logarithmic mean temperature difference (K) LMTD Design conditions des
Efficiency (-) n Difference diff
Heat flow (W) 0 Heating heat
Temperature (K) T Into heat exchanger in
Temperature difference (K) AT Isentropic is
Overall heat transfer coefficient (W/m?K) ] Indices k
Compressor power (W) 114 Lorenz Lor
Normalized norm
Out of heat exchanger out
Superheating SH
Heat sink sink
Heat source source
Heat pump for simultaneous heating and cooling HPS
High temperature heat pump HTHP
Pinch point Pinch
Reference cycle ref
Refrigeration cycle refri
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