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Abstract 

Air-source heat pumps play an increasingly central role in low-carbon heating systems. However, their 
performance under subzero outdoor conditions is significantly constrained by frost accumulation on finned 
heat exchanger surfaces. Frost build-up not only impedes airflow and increases air-side pressure drop but also 
degrades thermal conductance, thereby reducing overall system efficiency. Despite its practical importance, 
experimental data on the relationship between key design parameters, such as fin pitch, and frosting behavior 
in large-scale heat collectors operating under realistic conditions remain scarce. To address this gap, the present 
study investigates the influence of two commonly used fin pitches (4 mm and 5 mm) on the thermal 
performance of air heat collectors. A computational analysis is conducted to evaluate the degradation of heat 
transfer capacity over time owing to frost formation. The calculation methods for the influence of frost are 
based on earlier experimental data measured with similar heat exchanger coils in laboratory scale (595 mm x 
420 mm x 182 mm). The results indicate that, at 0 ᵒC temperature and 80% or 90% relative humidity, the 
average heating capacity over a complete operating cycle decreases by 16-26% due to frost accumulation. 
Consequently, a comparable capacity margin should be incorporated into system design to ensure the desired 
output. Furthermore, the comparative analysis suggests that a 4 mm fin pitch offers higher heat collection duty 
than 5 mm throughout the operation cycle, resulting in approximately 5 % higher average duty even under 
severe frosting conditions. The findings also help identify the optimal timing for defrosting cycles. Overall, 
this study provides new insights into frost-induced performance degradation and optimal fin design, 
contributing to more accurate performance prediction and improved design of air heat collectors, particularly 
relevant to the accelerating electrification of heat production. 
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1. Introduction 

The heat pump market is experiencing rapid growth, driven by environmental concerns and the pursuit of 
energy self-sufficiency, among other factors [1]. Air-source heat pumps are already a rather common 
technology for residential heating, and during the last years, industrial-scale heat pump systems have been 
increasing their share in district heating.  

An air heat collector is a component of an air heat pump system, essentially a heat exchanger that transfers 
heat from ambient air to the working fluid of the heat pump system. Typically, fin-and-tube heat exchangers 
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are used for this purpose. As moist air cools down in sub-zero conditions, it imposes the practical challenge of 
frost forming on the fin side. The frost blocks air passage area, reducing air flow and heat transfer duty [3][4]. 
In addition, defrosting sequences must be carried out periodically to remove the accumulated frost, which will 
cause downtime in operation, reducing the effective duty over time [4][5][6]. 

Predicting and optimizing performance is particularly challenging because air heat collectors operate year-
round under highly variable environmental conditions. Therefore, it is essential for the field to be able to 
consider frosting in a reliable manner in heat collector design and calculations. 

Industrial air heat collectors are typically designed with a relatively high fin pitch of at least 4 mm, as wider 
fin pitch improves endurance under frosting conditions. The wider fin pitch reduces air flow blockage rate and 
may thus provide a longer operation time [7]. However, increasing fin pitch entails a significant drawback in 
thermal performance: for example, a fin pitch of 4 mm provides 25% more heat transfer surface area, and thus 
5-10% higher duty, than a fin pitch of 5 mm under non-frosting conditions. A significant performance increase 
can be obtained by optimizing the design parameters [8]. Therefore, a comprehensive analysis based on 
accurate performance data is required to optimize the design. 

This study aims to provide crucial insights into the design and optimization of air heat collector systems. 
The influence of fin pitch on heat transfer duty throughout a complete frosting cycle is studied computationally. 
A step-based calculation algorithm is developed to evaluate how the thermal duty of heat collectors with fin 
pitches of 4 mm and 5 mm decrease over time due to frost accumulation. All correlations and methods used 
for frost performance calculations are based on comprehensive experimental studies previously conducted by 
the research group using comparable test coils in laboratory conditions [9].  

The calculations are performed for typical heat collector design conditions, with ambient air temperature of 
0 ᵒC and relative humidities of 80% and 90%. The results reveal which fin pitch yields higher total heat 
collection over an entire operating cycle. Furthermore, the study quantifies the additional design margin 
required to compensate for frost-induced performance degradation and provides guidance on optimal 
defrosting intervals for air heat collectors. 

2. Methods 

The heat transfer duties of heat collectors with fin pitches of 4 mm and 5 mm were computationally 
determined over a complete frost cycle in this study. The heat collector configurations analyzed correspond to 
the real LU-VE Solar SHD 7B 09TE N5 6D IF4/5 CU198 model, which is typically used in industrial-scale 
applications [10]. Likewise, the temperature and fluid flow conditions represent a typical design point of a heat 
collector operating under frosting conditions. Freezium 40% (potassium formate HCOOK, water, corrosion 
inhibitors) is used as a working fluid. The configurations of the heat collectors and the operating conditions 
are presented in Table 1. 

Table 1  Heat collector configuration and operation conditions 

Fluid name Freezium 40% Freezium 40% Freezium 40% Freezium 40% 
Fluid flow (kg/s) 38.0 38.0 38.0 38.0 
Temperature in (°C) -8.0 -8.0 -8.0 -8.0 
Air temperature in (°C) 0 0 0 0 
Air humidity (%) 80 90 80 90 
Heat transfer area (m²) 2473 2474  2022  2022 
Tube diameter (mm) 12.7 12.7 12.7  12.7  
Coil length (mm) 12600 12600 12600 12600 
Coil width (mm) 2310 2310 2310 2310 
Coil depth (mm) 182 182 182 182 
Number of tubes per row 66 66 66 66 
Number of tube rows 6 6 6 6 
Fin type Wavy Wavy Wavy Wavy 
Fin spacing (mm) 4 4 5 5 
Fin thickness (mm) 0.25 0.25 0.25 0.25 
Fan Ziehl ZN100 Ziehl ZN100 Ziehl ZN100 Ziehl ZN100 
Fan type code ZIL.GL.V5P1 ZIL.GL.V5P1 ZIL.GL.V5P1 ZIL.GL.V5P1 
Fan pcs 14 14 14 14 
Fan rpm 500 500 500 500 
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The calculation was carried out point by point with a time interval of 20-37 s, starting from the initial time 

t0=0s, when the coil had no frost but exhibited a positive frosting rate. The amount of frost at each subsequent 
time step was determined based on the frosting rate calculated at the previous step. As frost accumulates, the 
pressure drop across the coil increases, leading to a reduction in air flow. The heat duty and the new frosting 
rate were then recalculated based on the updated air flow. All performance parameters were computed 
iteratively in Microsoft Excel until a predefined maximum simulation time was reached. 

2.1. Assumptions based on experimental background 

Computational modeling in this study is based on experiments conducted using identical heat collector coils 
tested at laboratory-scale under controlled laboratory conditions. The test setup is presented in Figure 1. The 
earlier results are clarified in [9]. 

The key experimentally verified input parameters and assumptions used in the modeling are as follows: 
• The humidity loss rate on the air side corresponds directly to the frosting rate (frost mass accumulating 

on the coil as kg/s). 
○ Water / frost do not exit the system during operation. 

• The frost layer thickness is assumed to be uniform across the entire heat transfer surface. 
○ Experiments indicated uniform frost distribution in the conditions studied close to 0 °C ambient 

temperature. However, further tests in other conditions indicated that in sub-zero temperatures 
frost layer thickness may not be as uniform. 

• The frost density under these conditions is 150 kg/m³. 
• The thermal conductance remains approximately constant at a constant air flow. 
• The pressure drop across the frosted coil follows the Equation 2 presented below. 

Figure 1  The laboratory-scale test setup with coil size of 595 mm x 420 mm x 182 mm [9] 

2.2. Pressure loss equation for frosted coil 

Previous experiments conducted by the research group [9] concluded that the influence of frost on the air- 
side pressure drop, under conditions of constant air flow, can be modeled as a function of the reduction in the 
minimum cross-sectional flow area as: 

∆𝑝𝑝ref,𝑛𝑛 = ∆𝑝𝑝0 ∙  (𝐴𝐴cross,𝑛𝑛
𝐴𝐴cross,0

)
3.7

 (1) 

where ∆𝑝𝑝ref,𝑛𝑛 is the reference pressure drop across the coil assuming the initial air flow, ∆𝑝𝑝0 is the initial 
pressure loss for a clean (non-frosted) coil, 𝐴𝐴cross,𝑛𝑛 is the minimum cross-sectional flow area in a single gap 
constrained by frosted fins and tubes, and 𝐴𝐴cross,0 is the initial minimum cross-sectional flow area in a single 
gap constrained by clean (non-frosted) fins and tubes. 
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The experimental data for the 5 mm coil is presented in [9]. In addition, the 4 mm coil was tested and the 
applicability of the frost pressure drop equations for 4 mm was thus also confirmed experimentally, as 
presented in Figure 2. 

Figure 2  The model vs experimental pressure drop data for 4 mm coil with 80% and 90% humidity. 

Generally, the pressure drop in a fixed system is roughly directly proportional to the square of the flow rate. 
When considering also varying air flow rate, the pressure drop can be calculated as  

∆𝑝𝑝𝑛𝑛 = ∆𝑝𝑝ref,𝑛𝑛 ∙  (𝑉̇𝑉𝑛𝑛
𝑉̇𝑉0

)
2

=  ∆𝑝𝑝0 ∙  (𝐴𝐴cross,𝑛𝑛
𝐴𝐴cross,0

)
3.7

(𝑉̇𝑉𝑛𝑛
𝑉̇𝑉0

)
2
 (2) 

where 𝑉̇𝑉𝑛𝑛 is the air flow rate. 

2.3. Air flow 

Air flow of a heat collector is driven by several fans that are typically mounted on top of the unit. The heat 
collector studied herein has 14 pieces of Ziehl ZN100 ZIL.GL.V5P1 fans. In this study we model their 
performance based on manufacturer’s datasheet curve [11]. The fans operate at rotation speed of 500 rpm, 
which represents a typical rotation speed for heat collection applications. The fan curve is corrected to air 
density of this study, 1,292 kg/m3 in 0 ᵒC air. The fan curve at 500 rpm is presented in Figure 3.  

Figure 3  Fan performance curve 

Frost formation causes the coil pressure drop to increase, and therefore, the air flow rate decreases in real 
heat collector applications where the fans operate at constant rotational speed. This may cause fan performance 
to drop to its stalling point. In the stalling point, fan performance deteriorates sharply, resulting in a significant 
reduction in air flow, efficiency, and acoustic performance. Also fan manufacturers typically recommend not 
operating fans in the stalling area [11]. Therefore, in real applications, the defrost sequence should be initiated 
before the system reaches the stalling point to restore the designed performance. This is what we assume also 
in this study: defrosting is initiated at the latest when fan approaches near its stalling point and air flow per fan 
decreases to minimum value of 10300 m3/h. In this study, the calculation length for each case is determined so 
that fan reaches minimum air flow value (stalling point) at the last calculated time point. 

The pressure increase of the fan is equal to the coil pressure drop, since the air both before and after the unit 
is in same ambient pressure (other pressure drops are considered negligible). The pressure difference produced 
by the fan ∆𝑝𝑝n  in the appropriate operation region above the stalling point can be presented with good 
accuracy by using a second order polynomial 
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∆𝑝𝑝𝑛𝑛 = 0.0000005714 ∗ 𝑉̇𝑉𝑛𝑛
2 + 0.0090299141 ∗ 𝑉̇𝑉𝑛𝑛

2 + 62.3634 (3) 

Finally, the pressure drop ∆𝑝𝑝𝑛𝑛 and volumetric flow rate 𝑉̇𝑉𝑛𝑛 can be solved based on the Equations 2 and 3, 
when remaining cross-sectional flow area 𝐴𝐴cross,𝑛𝑛.is calculated  

2.4. Amount of frost and remaining cross-sectional flow area 

The minimum cross-sectional flow area in a single gap 𝐴𝐴cross,𝑛𝑛  under frosted conditions is the key 
parameter for calculating the pressure drop of the frosted coil. To calculate 𝐴𝐴cross,𝑛𝑛, the frost thickness on all 
heat transfer surfaces is required. In this study, we assume that the frost is distributed uniformly across all heat 
transfer surfaces. This was shown to be a reasonable approach under the studied conditions by [9]. Under 
different temperature and humidity conditions, however, the coil surface temperature may fall below the dew 
point only in certain regions; in such cases, the assumption of uniform frost distribution would no longer be 
valid. For example, other similar experiments of the group have indicated that the frost accumulation on outlet 
side may get emphasized already in slightly lower temperatures, and behavior close to 0 ᵒC is highly sensitive 
on temperature. 

The frost thickness 𝑙𝑙𝑛𝑛 is calculated from the frost mass 𝑚𝑚frost,𝑛𝑛, frost density ρ and total heat transfer 
surface area 𝐴𝐴tot as: 

 
ln =  𝑚𝑚frost,𝑛𝑛

𝜌𝜌𝐴𝐴tot
   (4) 

In this study, 𝜌𝜌 is assumed to be 150 kg/m3. In earlier experiments this density was noticed to apply with 
good accuracy in these conditions based on comparing measured frost weight to frost thickness determined 
based on camera images [9]. This density also results in a good correspondence between the measured pressure 
loss and pressure loss predicted based on Eq 2. In general, frost density is strongly dependent on temperature 
conditions, and therefore this experiment-based density assumption is only valid close to the studied 
conditions. In case of other temperatures, density could be evaluated based on established correlations, 
although this would cause significant uncertainty since frost density is highly sensitive on conditions [12][13]. 

The frost mass is initialized at zero, and its value at any subsequent time step 𝑛𝑛 is calculated simply based 
on the cumulative frost mass and the frosting rate 𝑚̇𝑚frost,𝑛𝑛−1 at the previous step 𝑛𝑛 − 1, as:  

 
𝑚𝑚frost,𝑛𝑛 =  𝑚𝑚frost,𝑛𝑛−1 + 𝑚̇𝑚frost,𝑛𝑛−1∆𝑡𝑡 (5) 

In this study, each calculation case contained 200 time steps, resulting in time step length ∆𝑡𝑡 of 20-37 s. 
When the frost thickness is known, the minimum cross-sectional area in a single gap constrained by frosted 

fin and tube can be calculated as 
 

𝐴𝐴cross,𝑛𝑛 = (𝐹𝐹p − 𝜆𝜆 − 2l𝑛𝑛) ∗ (𝑃𝑃𝑡𝑡 − 𝐷𝐷𝑜𝑜 − 2l𝑛𝑛) (6) 

where 𝐹𝐹p is the fin pitch, 𝜆𝜆 is fin thickness, 𝑃𝑃𝑡𝑡 is the tube pitch and 𝐷𝐷𝑜𝑜 is the tube outer diameter 

2.5. Heat transfer duty and frosting rate 

Generally, the heat transfer duty of a heat exchanger depends on several factors, such as logarithmic mean 
temperature difference, flow rates, fluid properties, phase change phenomena on the fin side, geometrical 
characteristics of the heat exchanger, fouling or other resistance such as frost, fin efficiency, and many others. 
In this study, we utilize heat collector coil manufacturer’s (LU-VE group) calculation program to construct a 
performance curve as a function of air flow rate. Since frosting affects the air flow rate, the corresponding heat 
transfer duty was determined based on this curve. The program was also utilized to generate the frosting rate 
curve as a function of air flow. Both the duty and frosting rate curves are presented in Figure 4. 
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The thermal resistance of frost was considered by fine-tuning the program’s calculations with extra thermal 
resistance based on the finding of [9], that the thermal conductance under frosted conditions is approximately 
equal to that of a clean coil when the air flow is equal. Physically, this implies that the added thermal resistance 
of the frost layer roughly corresponds to the increase in the air-side heat transfer coefficient caused by higher 
velocities in the narrowed, frost-covered flow passages. In this study, however, the fan performance is also 
considered, and therefore the air flow rate does not remain constant but decreases as frosting progresses, 
leading to a corresponding reduction in the overall thermal conductance. 

Figure 4  Duty and frosting rate curves 

2.6. Key result parameters in a cycle 

A real industrial heat collector system typically consists of several, or even dozens of, individual units. 
These units operate at different stages of the frost-defrost cycle: some operate at full performance under clean 
conditions, some are slightly or heavily frosted, and others are temporarily out of operation owing to defrosting. 
Therefore, the overall duty of the entire system corresponds to the average duty over a complete frosting cycle, 
considering also the downtime associated with defrosting.  

To evaluate the overall performance of the heat collector system, it is necessary to analyze the average heat 
collection duty throughout the cycle. At each time step, the cumulative collected heat 𝐸𝐸cum,𝑛𝑛 is determined as 
the sum of the heat collected in all previous steps. The average duty is then obtained by dividing the cumulative 
heat by the total cycle time. However, it is important to include also defrosting period in this analysis to obtain 
a comprehensive picture of system performance and to be able to analyze the optimal timing for defrost 
initiation. At any given point, if defrosting was initiated, the total cycle time would be the sum of the operating 
time and the defrost duration. Therefore, the average duty 𝑃𝑃ave,𝑛𝑛 including also defrost downtime is expressed 
as: 

 

𝑃𝑃ave,𝑛𝑛 =   𝐸𝐸cum,𝑛𝑛
𝑡𝑡𝑛𝑛+𝑡𝑡defrost

 (7) 

where 𝑡𝑡defrost is the downtime due to defrost. In this study, we consider the downtime to be 10 minutes, which 
corresponds to a typical defrosting time in real large-scale applications. In addition, we determine the average 
net duty 𝑃𝑃net,ave,𝑛𝑛 to provide also indication of magnitude of the energy loss required for defrosting. However, 
the average net duty should be considered only as an indicative measure for defrost energy loss, because the 
energy collected and energy used for defrosting are at different temperature levels, and thus netting them in 
such a direct manner is not entirely physically meaningful.  

 

𝑃𝑃net,ave,𝑛𝑛 =   
𝐸𝐸cum,𝑛𝑛−

𝑚𝑚frost,𝑛𝑛∗𝑙𝑙melt
𝐸𝐸𝐸𝐸𝐸𝐸defrost

𝑡𝑡𝑛𝑛+𝑡𝑡defrost
 (8) 

where 𝑙𝑙melt is melting heat of frost 334 kJ/kg and 𝐸𝐸𝐸𝐸𝐸𝐸defrost is the defrost efficiency, which we assume to 
be 50%. The defrosting time 10 min and efficiency 50 % are of obviously rough estimates and in reality, they 
vary between applications. However, these parameters have only a limited impact on the final conclusions of 
the study, so it is better to consider them even with rough estimates. 
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3. Results and discussion 

The performance of air heat collectors with fin pitches of 4 mm and 5 mm was computationally analyzed 
in this study to determine the optimal fin pitch, the duty loss due to frost, and the optimal defrosting time. The 
analysis was carried out under typical operating conditions, with an ambient temperature of 0 ᵒC and relative 
humidities of 80% and 90%. 

Heat collection duty and frost thickness calculated throughout the operating cycle are presented in Figure 
5. As expected, the heat collection duty decreases as the frost thickness increases. At the end of the cycle, the 
frosted duty values are approximately 20% lower than the clean duty at the beginning, confirming that frost 
formation has a significant impact on system performance and must be considered in the design of heat 
collector systems. The 4 mm fin pitch exhibits higher performance than the 5 mm throughout the operating 
cycle. Although the performance of the 4 mm coil decreases slightly more steeply due to frost accumulation, 
it still maintains a higher performance even at the end of the cycle, indicating higher overall performance. The 
4 mm fin pitch has a slightly shorter maximum operating cycle duration (11-13%) than the 5 mm coil, as 
expected. The frost thickness grows slightly slower for the 4 mm fin pitch, simply because the frost is 
distributed over a larger heat transfer surface area.  

Figure 5  Heat collection duty and frost thickness as a function of operation time. 

Figure 6 presents the average duty and average net duty depending on the operation cycle length. Each point 
represents the average duty that would be achieved if operation was stopped and defrosting initiated at that 
specific moment. The curves start from zero, representing that too frequent defrosting is not optimal for heat 
collection due to defrost downtime. The highest point represents the optimal time to stop operation and start 
defrosting: this operation time yields the maximum average duty or net duty considering the entire cycle. The 
optimum point in all curves is close to the longest calculated operation, where the fan reaches stalling point. 
However, the curves are almost horizontal at the end of the cycle, indicating that a perfect optimization of 
cycle length has only a negligible influence. As a general rule with this configuration, the operation should be 
continued for as long as possible and defrost initiated just before fan stalling point would cause a rapid decrease 
in performance.  

Figure 6  Average heat collection duty and net duty over time. 

These results pronounce the importance of fan design in heat collectors, since the optimal operation length 
can be to continue operation close to the fan stalling point, particularly in case of high humidity. Enough  
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margin must be reserved between the design clean point and stalling point to ensure appropriate frost 
endurance. Several fans available would stall even faster resulting in shorter operation cycle and reduced 
average duty over a complete cycle. Additionally, the fan curve should preferably keep air flow as high as 
possible despite the increasing pressure drop. For many fan types, also sound may increase notably when 
pressure increases, which should be avoided, since many heat collector fields are designed to operate within 
the maximum allowable sound limit. However, the aspect of sound was outside the scope of this study. 

The maximum average duties and net duties are presented in Table 2 along with initial clean design duties. 
In case of 80% humidity, the maximum average duties and net duties are approximately 16% and 20% lower 
than the clean design duty. In case of 90% humidity, the difference becomes even higher, as expected: 20% 
and 26%. This means that a corresponding design margin should be reserved when designing a new system 
under frosting conditions, if the design duty calculation is based on the clean duty. Average net duties are 4-6 
%-units lower than average duties, indicating that a defrost energy loss is significant and should be considered 
in real system design. The maximum average net duties are almost equal with both humidities, indicating that 
a higher humidity does not yield higher performance under frosting conditions, when the complete operating 
cycle is considered. All average duties are lower than the clean duties calculated with dry air, 376 kW for 5 
mm and 400 kW for 4 mm coils. The seemingly beneficial increment in the clean duty owing to humidity is 
outweighed by frost penalty and defrosting consumption, which is in line with lower COP values often reported 
due to high humidity under frosting conditions [14]. Therefore, a high design humidity in heat collector system 
dimensioning should be avoided, as it can result in an unrealistically high impression of performance. In 
addition, efficient modern defrosting strategies and optimal operation cycle lengths, such as reported in this 
study, should be employed to mitigate the performance loss caused by frost.  

Table 2  maximum heat collection duties, net duties, optimum operation cycle lengths and clean duties.  

Fin 
pitch 
(mm) 

Air 
humidity 

(%) 

Clean 
duty 
(kW) 

Max 
ave duty 

(kW) 

Opt 
operation time 

(min) 

Max ave 
net duty 

(kW) 

Opt 
operation 
time net 

(min) 

Stalling 
time 
(min) 

4 80 453 380 92 360 91 108 
5 80 427 362 98 343 96 122 
4 90 485 387 68 358 68 68 
5 90 458 370 75 342 74 78 

 
Based on the results, the 4 mm fin pitch outperforms the 5 mm even under frosted conditions, achieving 

approximately 5% higher maximum net duty. In addition, the 4 mm fin pitch would also provide higher 
performance throughout the year during non-frosting conditions. Therefore, a 4 mm fin pitch should be 
preferred over 5 mm in practical application design. The additional material cost associated with the smaller 
fin pitch is typically minor, meaning that the investment cost per kilowatt of heat duty would also improve 
when using a 4 mm fin pitch instead of 5 mm.  

An obvious next question is whether an even lower fin pitch would perform better yet. However, extending 
the present analysis to lower fin pitches would be highly speculative, since the experimental data underlying 
this study were available only for the 4 mm and 5 mm configurations. Additional experiments with lower fin 
pitches would be required to establish reliable conclusions. Based on earlier studies, influence of frost is 
expected to be even more pronounced with yet smaller fin pitches, as fin pitch is reported to be a crucial 
parameter controlling the frosting dynamics [15][16]. Therefore, we conclude by proposing 4 mm as a 
preferable fin pitch for industrial-scale air heat collectors, when a comparable coil configuration is used. The 
phenomena studied herein are dependent on many coil parameters, and therefore firm conclusions for other 
coil configurations cannot be drawn. However, we hypothesize the benefit of 4 mm fin pitch to hold also for 
looser coil geometries (i.e. larger tube pitches), since they typically benefit from the higher heat transfer surface 
area even more, while the drawback due to higher pressure drop is lower. On the contrary, for tighter tube 
configurations the same conclusions may not hold, but such compact geometries are unlikely to be favorable 
for industrial heat collectors in any case, due to their lower expected frost endurance. 

Similar step-based computational algorithms could be employed to design programs to estimate heat 
collector duty over an entire frosting cycle. This would increase the predictability of system performance and 
allow better design optimization, resulting in lower investment risks and increased efficiency. However, the 
calculation is dependent on pressure drop equations and frost densities used in the calculation, which should 
be experimentally verified for the studied configurations and conditions, such as was done for this study. 
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4. Conclusions 

The influence of frost on air heat collector duty was computationally studied. The performance of a typical 
heat collector configuration with fin pitches of 4 mm and 5 mm was calculated over a complete frosting cycle 
under typical operating conditions. The calculation model was based on earlier extensive laboratory 
measurements carried out with the similar heat collector coils under the same conditions. 

Frost was observed to have a significant influence on the heat collection performance. The average duty 
over the entire cycle was 16-20% lower than the clean design duty and the net duty considering also energy 
lost for defrosting was 20-26% lower. A corresponding design margin must be reserved when designing a new 
heat collector system. 

The 4 mm fin pitch was observed to provide higher heat collection duty even in challenging frosting 
conditions. Despite a slightly shorter operation cycle, the 4 mm configuration had higher performance 
throughout the cycle resulting in 5% higher average duty. Based on these results we propose 4 mm as a 
preferable fin pitch for industrial heat collector design, when a comparable coil configuration is used. 

With the studied configurations, the optimal defrost time was close to fan stalling point, indicating that the 
operation should be continued for as long as possible without stalling before initiating defrost. However, the 
average duty curve is almost constant close to the optimum point, meaning that defrosting slightly earlier 
would have only a minor impact on the average duty. 
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