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Abstract

To ensure a reliable and efficient energy sector with a growing share of intermittent renewable energy, energy
storage is essential. One of the promising solutions to store excess energy (charging mode) and deliver deficit
energy (discharging mode) is Thermo-Electrical Energy Storage (TEES). During the charging mode, excess
electrical energy is converted into heat at high temperature using a heat pump and during the discharging mode,
the stored heat is converted into electrical energy using a heat engine. Hereby, an attractive working fluid for
the heat pump and the heat engine cycles is CO», due to its non-flammability, non-toxicity, high density, and
near-ambient critical temperature.

This paper proposes an innovative TEES based system consisting of a supercritical CO, heat pump in the
charging mode and a supercritical CO, gas turbine in the discharging mode, with a heat storage in between.
Hereby, an advantage of the proposed system is the ability to use the same components in the two alternating
operational phases. Next to the energy conversion systems, a suitable heat storage medium is required, which
allows heat transfer at low temperature differences and is compact. For the proposed system, schematic
diagrams, pressure-enthalpy and temperature-entropy diagrams are given. Furthermore, thermodynamic
models of the supercritical CO, gas turbine and the supercritical CO, heat pump are developed. To calculate
the COP of the proposed heat pump and the thermal efficiency of the proposed gas turbine a thermodynamic
analysis is performed. Hereby, results for the influence of the pressure and the temperature conditions on the
round-trip efficiency are presented. The results show that the system can achieve high thermodynamic
performance with a round-trip efficiency between 55% and 65%. This indicates that the supercritical CO; heat
pump / gas turbine system is a competitive energy storage technology for decarbonisation of the energy sector.
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1. Introduction

As the share of renewable energy grows, the requirement for energy storage grows as well. Renewable
energy sources, such as solar and wind, are intermittent, making them unreliable for a consistent, predictable
energy supply. To address the intermittency challenge, efficient energy storage and conversion systems are
essential. These systems store excess energy generated during periods of high renewable energy production
and release it when production is low. Hereby, they need to be able to store energy also for long periods. In
this context, a decarbonized energy sector requires two classes of long duration energy storage for electricity,
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one lasting up to 20 h to manage daily cycles and another lasting weeks or months to manage seasonal cycles
[1]. A promising energy storage technology for long duration energy storage is Thermo-Electrical Energy
Storage (TEES). The operation principle of the TEES is such that during charging mode, excess electrical
energy is converted into high temperature heat using a heat pump, whereas in discharging mode, the stored
heat is converted into electrical energy using a heat engine. This energy storage system is also referred to as
Pumped Thermal Energy Storage (PTES) or Carnot Battery.

In the heat pump and the heat engine cycle, different working fluids can be implemented. Also, in the heat
storage, various storage media can be implemented. TEES with nitrogen as the working fluid is proposed in
[2]. An attractive working fluid for the heat pump and heat engine cycles is CO,, due to its non-flammability,
non-toxicity, high density, and near-ambient critical temperature. In Morandin et al. [3] TEES has been
investigated based on transcritical CO; cycles. Different storage media have been investigated for the use in a
TEES, including molten salts [4], particle media [2] and water [3]. Morandin et al. [3] proposed water as the
hot storage medium because it has a high thermal capacity, is environmentally friendly, and is cheap. Also,
cold energy storage is included by incorporating ice as the storage medium. The choice of the working fluid
and the storage media still has to be further investigated.

In the literature, CO, heat pumps and power cycles have been integrated into energy storage solutions,
including pumped thermal energy storage [5], compressed fluid energy storage [6] and hydrogen energy
storage [7]. In [8] a transcritical CO, system has been applied in a pumped thermal energy storage system,
achieving a round-trip efficiency of 54.6% for a considered example with a charging power of 50 MW and
storage duration of 10 h. Furthermore, in [9] a compressed supercritical carbon dioxide system with a
compression heat recovery is proposed as a novel category of energy storage solutions. An alternative storage
solution, preferable for longer durations than TEES, is the production of renewable fuels. Gao et al. [10]
proposed an integrated energy storage system consisting of an electrolyser and a hydrogen-oxygen combined
cycle, in which pure hydrogen and oxygen are supplied to a combustion chamber to obtain high temperature
and high-pressure superheated steam at 1500 °C. All these studies confirm that there is a considerable research
interest in the application of CO» heat pumps and power cycles within energy storage systems.

To minimize exergy destruction in the heat transfer processes, a low temperature difference is required
throughout the heat exchangers. Since there is no phase change in a supercritical cycle configuration, the
working fluid can follow the thermal profile of the sensible heat storage. This is a benefit of the supercritical
CO; heat pump cycle. However, during a temperature change, the thermodynamic properties of CO, vary,
particularly the specific heat capacity along the supercritical isobars. This variation is the most significant in
the supercritical region. To obtain a match in the thermal profiles of the working fluid and the storage medium,
and hence a good thermal integration of the thermodynamic cycle with a sensible heat storage, multiple thermal
storage tanks have been considered in [3]. Furthermore, multiple cycle configurations were explored for the
TEES. Tafur-Escanta [11] highlighted the use of a recuperator in both the gas turbine cycle and the heat pump
cycle for the TEES. This simple regenerative configuration was adopted by Marchionni et al. [12], by
conducting part-load and transient analyses of the cycles and comparing the results with those from a 50 kWe
experimental test facility. A transcritical CO» cycle configuration with integrated condensation of the working
fluid is implemented in [13]. However, the matching of the thermal profiles in the heat exchangers and the
cycle configuration needs to be further explored.

The aim of this paper is to present an original energy storage system consisting of a supercritical CO, heat
pump that converts excess electrical energy into high temperature heat, and a supercritical CO; gas turbine that
converts the high temperature heat back to electrical energy. The two operation modes are integrated using
high temperature storage and low temperature storage. Heat is stored in the high temperature storage where
CO; is used as a storage medium. Alternatively, for safety reasons, molten salts could be used as high
temperature storage medium. Additionally, a low temperature storage is implemented, which is used to store
the heat after recuperation in the supercritical CO; gas turbine cycle and to deliver it to the CO; heat pump
cycle. To analyse the round-trip efficiency of the system under different design and operation conditions,
thermodynamic models of the supercritical CO> gas turbine and the supercritical CO; heat pump are developed
in MATLAB/CoolProp. The results show that the system achieves high thermodynamic performance. The
novel contributions of this work include:
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e Development of an original energy storage system consisting of a supercritical CO, heat pump and a
supercritical CO, gas turbine, integrated with both high temperature storage and low temperature
storage with CO; or molten salts as the storage medium.

e Development of thermodynamic models of the supercritical CO, heat pump and the supercritical CO,
gas turbine.

e Comprehensive evaluation of the achievable round-trip efficiency depending on the temperatures of
the high temperature storage and the low temperature storage, pressure ratio, turbomachinery
isentropic efficiency, and temperature difference in heat exchangers.

2. Methodology

The proposed system operates as a supercritical CO; heat pump in the charging mode and a supercritical
CO; gas turbine in the discharging mode. Hereby, the schematic of the system is given in Fig. 1 and the
alternating operation modes are presented in Fig. 2 and Fig. 3. For this system, the temperature-entropy and
pressure-enthalpy diagrams for a defined set of operation conditions are shown in Fig. 4 and Fig. 5. The design
of the system is based on a thermodynamic cycles analysis. Hereby, it is observed that CO, as a working fluid
for the heat pump and the gas turbine cycles is advantageous because of its non-flammability, non-toxicity,
low GWP, high density, and near-ambient critical temperature. Furthermore, with respect to achievable round-
trip efficiency, a supercritical configuration with compressor inlet and compressor outlet pressures above the
critical pressure, of both the heat pump cycle and the gas turbine cycle, is beneficial. Hence, the expander in
the heat pump cycle and the compressor in the gas turbine cycle operate in the supercritical region. Firstly, a
supercritical gas turbine based on a regenerative Brayton cycle provides high thermal efficiency due to the low
compression work in the critical region, effective heat recuperation, and operation at high temperature and
pressure conditions [14], [15]. Secondly, a supercritical CO; heat pump based on a regenerative Brayton cycle
provides high temperature heat with reasonable COP [16]. Finally, based on the high achievable efficiency of
the heat pump and the gas turbine, this configuration leads to a system with high round-trip efficiency.

During the charging mode the system operates as a heat pump, utilizing excess electrical energy to upgrade
the heat from low temperature storage to high temperature storage (Fig. 2). The temperature-entropy diagram
of the supercritical CO» heat pump is depicted with a blue line in Fig. 4. Also, a pressure-enthalpy diagram of
the supercritical CO; heat pump is depicted with a blue line in Fig. 5. The working fluid is compressed (TC)
from state 1 to state 2 and cooled in heat exchanger 1 (HEX1) to state 3, where the heat is transferred to the
high temperature storage (H1). Then, the working fluid is further cooled in the recuperator (R) to state 4 and
expanded (TE) to state 5. Heat is transferred to the working fluid firstly in heat exchanger 2 (HE2) from the
low temperature storage (H2), reaching state 6, and secondly from the working fluid in the recuperator (R),
closing the cycle at state 1.

During the discharging mode, the system operates as a gas turbine, utilizing the heat at high temperature,
which has been generated during the charging mode, to generate electrical energy. The temperature-entropy
diagram of the supercritical CO, gas turbine is depicted with a red line in Fig. 4. Also, a pressure-enthalpy
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Figure 1. Schematic of the supercritical CO, heat pump / gas turbine system
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diagram of the supercritical CO, gas turbine is depicted with a red line in Fig. 5. The working fluid is
compressed (TC) from state 1 to state 2. Then, the working fluid is heated in the recuperator (R) to state 3 and
in heat exchanger 1 (HEX1) to state 4, using the heat from the high temperature heat storage. The working
fluid is expanded (TE) to state 5 and cooled firstly in the recuperator (R), reaching state 6 and then in heat
exchanger 2 (HEX2) using the low temperature storage. In the cooler (C) the working fluid is cooled from
state 1’ to state 1, allowing a lower temperature at the compressor inlet and generating additional heat. The
cooler C has two purposes. Firstly, it reduces the compressor inlet temperature, thereby reducing compression
work in the gas turbine cycle. Secondly, it enables combined heat and power generation within the system by
effectively utilizing the additional heat generated.

Since a smaller temperature lift is preferred in the heat pump cycle, the temperature of the low temperature
heat storage should be higher. Therefore, the rejected heat from the gas turbine cycle is stored and delivered
in the heat pump cycle. Also, in the gas turbine cycle, a larger temperature difference is preferred. Therefore,
additional cooling is envisioned in the gas turbine cycle in the cooler (C) to reduce the compressor inlet
temperature and consequently the compression work. The additional heat generated in C (Eq. (8)) could be
used for heating water (up to 95 °C), depending on the end user's needs. Alternatively, this cooling could be
realised using the ambient air.

For the supercritical CO, gas turbine / heat pump, thermodynamic models are developed to calculate the
COP of the proposed heat pump and the thermal efficiency of the proposed gas turbine. Input parameters in
the model are the temperature of the high temperature storage at the cold side, the temperature of the low
temperature storage at the hot side, the compressor inlet pressure, the pressure ratio, the compressor isentropic
efficiency, the expander isentropic efficiency, and the minimal temperature difference in heat exchangers.

— ) P —
— '/_ilf__\ S~ /I\
(H1) (c1) r=1TC T—1TE  (H2) (C2)

X ')_‘ ‘|( 5 _
\
1 A
-3 4
. N
- - 6 [ -
HEX1 R HEX2

Figure 2. Schematic of the supercritical CO, heat pump — charging mode of the system
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Figure 3. Schematic of the supercritical CO, gas turbine — discharging mode of the system
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Figure 4. Temperature-entropy diagram of the supercritical CO, heat pump / gas turbine system
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Figure 5. Pressure-enthalpy diagram of the supercritical CO, heat pump / gas turbine system

The thermodynamic analysis of the system starts with the calculation of the thermodynamic states of the
heat pump cycle. As an output of this model, the net work input, heat output, heat input, and COP are obtained,
as well as the temperature of the high temperature storage at the hot side and the temperature of the low
temperature storage at the cold side. The analysis then proceeds with the calculation of the thermodynamic
states of the gas turbine cycle. As an output of this model, the net work output, heat output, heat input, and
thermal efficiency are obtained. Based on this, the round-trip efficiency is calculated. The following modelling
assumptions are made:

o Steady state conditions in the heat pump and gas turbine cycle components.
o Adiabatic compression and expansion processes.

o Pressure drops in the heat exchangers are neglected.

¢ Kinetic and potential energy effects are negligible.

The thermodynamic modelling of the heat pump cycle and gas turbine cycle considers the real gas
thermodynamic properties of CO,. Hereby, the variations of the thermodynamic properties, such as specific
heat capacity and enthalpy, especially in the supercritical region, need to be addressed. In this context,
CoolProp is used for the thermodynamic properties of CO,. The thermodynamic models also address the real
thermodynamic processes of compression and expansion by including turbomachinery isentropic efficiency in
Eq. (1). Furthermore, the models account for heat transfer across a finite temperature difference. In this context,
a positive temperature difference is ensured in all heat exchangers (recuperator, high temperature storage heat
exchanger HEX1, low temperature storage heat exchanger HEX2), at both the cold side and the hot side. It is
noted that heat recuperation is very important for the supercritical CO» heat pump and gas turbine cycles
because it enables high efficiency. In the heat pump cycle, heat is transferred from the high pressure CO; at
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the HEX1 outlet to the low pressure CO; at the HEX2 outlet. In the gas turbine cycle, heat is transferred from
the low pressure CO, at the expander outlet to the high pressure CO; at the compressor outlet. The energy
balance in the recuperator considers the enthalpy change of the working fluid on both, the high pressure side
and, the low pressure side for the heat pump and the gas turbine.

has—hy hy—hs
e =5k Me =0 ()
hiyps — hyps = hype — hype; hers — hgra = hers — heres 2

Thermodynamic states of the cycle are defined:

e Thermodynamic states 3 and 6 of the heat pump cycle are specified by pressure (considering the
compressor inlet pressure and the pressure ratio) and temperature (considering the temperature
difference on the HEX1 cold side and the temperature difference on the HEX2 hot side).

e Thermodynamic state 1 is defined with pressure and temperature (considering the temperature
difference in R hot side). Thermodynamic state 2 is obtained using Eq. (1).

e Thermodynamic state 4 is obtained using Eq. (2).

e Thermodynamic state 5 is obtained using Eq. (1).

Once all the thermodynamic states are defined, the COP is calculated Eq. (3), as well as the temperature
difference in R cold side Eq. (4). Based on the temperatures of state 2 and 5 of the heat pump, considering the
temperature differences, the temperature of the high temperature storage at the hot side and the temperature of
the low temperature storage at the cold side are calculated.

h -h
COP = dHPout — HP2—NHP3 3
lgpc—lupe  (hgp2—hyp1)—(hHpa—hHPs) )
ATrypes = Tupa — Thpe 4

The thermodynamic states 1°, 3, 4, and 6 of the gas turbine cycle are defined with pressure (considering the
compressor inlet pressure and the pressure ratio) and temperature (considering the temperature difference in
HEX1 cold side and hot side, and the temperature difference in HEX2 hot side and cold side). Thermodynamic
state 2 is calculated based on the energy balance in R using Eq. (2). Thermodynamic states 1 and 5 are obtained
by Eq. (1). Once all the thermodynamic states are defined, the thermal efficiency is calculated by Eq. (5), as
well as the temperature difference in R cold side by Eq. (6) and the R hot side by Eq. (7). The additional heat
generated in the gas turbine is calculated using Eq. (8).

1= s - o ©
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A positive temperature difference needs to be ensured in all heat exchangers at both the hot side and the
cold side. If the obtained temperature difference in R is lower than the defined minimum, a different procedure
with an implied temperature difference in the R cold side is used to calculate the thermodynamic states. Hereby,
the thermodynamic states 1°, 4, 6, and 2 of the gas turbine cycle are defined with pressure (considering the
compressor inlet pressure and the pressure ratio) and the temperature (considering the temperature difference
in HEX1 hot side, the temperature difference in the HEX2 hot side and cold side, and a temperature difference
in the R cold side). Thermodynamic states 1 and 5 are obtained using Eq. (1). Thermodynamic state 3 is
calculated based on the energy balance in R by Eq. (2). Once all the thermodynamic states are defined, the
thermal efficiency is calculated by Eq. (5), as well as the temperature difference in the R hot side by Eq. (7)
and the temperature difference in the HEX1 cold side by Eq. (9). The additional heat generated in the gas
turbine is calculated using Eq. (8).
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After calculation of the thermodynamic states of the heat pump and the gas turbine cycle, the round-trip
efficiency is calculated as the ratio of net mechanical work output of the gas turbine and net mechanical work
input in the heat pump, considering the different mass flows in the cycles using Eq. (10).

l -1
7)round—trip = —Gfe” GTc THPout ntCOP (10)
lHpc—lHPe 4GTin

3. Results and Discussion

The thermodynamic models of the supercritical CO, heat pump cycle and the supercritical CO> gas turbine
cycle are used in this section to study the effect of various design and operating conditions on the round-trip
efficiency of the system. The round-trip efficiency of the system strongly depends on the temperature of the
high temperature storage and the temperature of the low temperature storage. For example, when the
temperature of the high temperature storage cold side is 800 K and the temperature of the low temperature
storage hot side is 400 K, the net work input in the heat pump cycle is 207.1 kJ/kg, whereas the net work output
in the gas turbine cycle is 154.4 klJ/kg. The resulting round-trip efficiency of the system is 64.31%. For the gas
turbine cycle, a higher temperature difference between the high temperature storage and the low temperature
storage results in higher thermal efficiency. However, for the heat pump cycle, a lower temperature difference
results in a higher COP. Additionally, the effects of the pressure ratio, turbomachinery isentropic efficiency,
and temperature difference in the heat exchangers are assessed.

The influence of the high temperature storage temperature on the thermal efficiency of the supercritical CO»
gas turbine, COP of the supercritical CO; heat pump, and the round-trip efficiency of the system is shown in
Fig. 6. Increasing the high temperature storage temperature results in higher thermal efficiency since the gas
turbine inlet temperature is increased. However, the COP of the heat pump decreases, since a larger
temperature lift needs to be delivered to store the heat at a higher temperature. The joint effect on the system’s
round-trip efficiency is shown with the yellow line in Fig. 6. An increase from 36.7% to 62.1% is observed for
an increase in the high temperature storage temperature from 450 K to 1000 K. Cycles with high temperatures
require suitable materials that can withstand the operating conditions of the gas turbine in the gas turbine cycle,
the compressor in the heat pump cycle, and the recuperator in both operation modes. Also, such high cycle
temperature exceeds the limitation of the molten salts as heat storage media (730°C [17]). In this paper, CO,
is proposed as the storage medium in both high temperature storage and low temperature storage. This not only
allows higher storage temperature but also positively influences the matching of the thermal profiles in HEX1
and HEX2. The increase in the temperature of the high temperature storage at the cold side above 800 K,
causes a slower increase in round-trip efficiency (from 57.2% to 62.1%) and significant requirements for
suitable materials of the system’s components. Hence, a reasonable limit of the temperature of the high
temperature storage at the cold side is 800 K. The results in Fig. 6 are shown for a low temperature storage
temperature of 430 K, a pressure ratio of 3.75, a compressor isentropic efficiency of 80%, an expander
isentropic efficiency of 85%, and a temperature difference in the heat exchangers of 5 K.
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Figure 6 Influence of the temperature at the high temperature storage cold side (C2) on the round-trip efficiency
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Similarly to the influence of the high temperature storage temperature, the influence of the low temperature
storage temperature on the round-trip efficiency is also assessed (Fig. 7). By increasing the temperature of the
low temperature storage at the hot side, the COP of the heat pump increases, whereas the thermal efficiency
of the gas turbine decreases. As a result, the round-trip efficiency firstly increases from 57.3% for a temperature
of 350 K to 58.5% for a temperature of 400 K. Then, the round-trip efficiency decreases to 43.1% for a
temperature of 500 K. The results in Fig. 7 are shown for a high temperature storage temperature of 800 K, a
pressure ratio of 3.75, a compressor isentropic efficiency of 80%, an expander isentropic efficiency of 85%,
and a temperature difference in the heat exchangers of 5 K.
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Figure 7 Influence of the temperature of the low temperature storage hot side (H1) on the round-trip efficiency

Increasing the pressure ratio in the cycles results in increase of the round-trip efficiency. The supercritical
CO; heat pump and gas turbine cycles have a low pressure ratio (2.75 — 3.75). However, both the compressor
inlet and outlet pressures exceed the critical pressure of 7.37 MPa. As a result, the system components need to
operate under high pressure conditions, which is especially demanding for the recuperator, which must operate
at large pressure differentials. Increasing the pressure ratio from 2.75 to 3.25 up to 3.75, for the same
temperature conditions at the high temperature storage (800 K) and the low temperature storage (430 K), results
in an increase of the round-trip efficiency from 51.8% to 54.9% up to 57.2% (Fig. 8). Additionally, in this
analysis the pressure ratio of the heat pump and the gas turbine is equal, however, different pressure ratios can
be further analyzed. At a lower temperature of the high temperature storage, the influence of the pressure ratio
is higher. The results in Fig. 8 are shown for a low temperature storage temperature of 430 K, a compressor
isentropic efficiency of 80%, an expander isentropic efficiency of 85%, and a temperature difference in the
heat exchangers of 5 K.
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Figure 8 Influence of the pressure ratio on the round-trip efficiency
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The turbomachinery isentropic efficiency strongly influences the round-trip efficiency since it directly
affects the mechanical work consumed by the heat pump and the mechanical work delivered by the gas turbine.
Three configurations were considered, with compressor isentropic efficiency and gas turbine isentropic
efficiency of 75% and 80%, 80% and 85%, and 85% and 90%, respectively (Fig. 9). Since the turbomachinery
type corresponds to the power capacity, radial and centrifugal turbomachinery are preferred for capacity below
around 10 MW, whereas axial turbomachinery is preferred for large-scale systems (> 100 MWe) [18]. Hereby,
the lowest turbomachinery isentropic efficiency is considered for small centrifugal compressors and radial-
axial gas turbines, and the highest values for large axial turbomachinery. For a temperature of the high
temperature storage of 800 K, the round-trip efficiency increases from 49.6% to 57.2% up to 64.2%. In the gas
turbine cycle, the influence of the gas turbine isentropic efficiency is greater than that of the compressor
isentropic efficiency, since the compression work is small in the supercritical CO; gas turbine. In the heat
pump cycle, the influence of the compressor isentropic efficiency is greater than that of the gas turbine
isentropic efficiency, since the expansion work is small in the supercritical CO, heat pump. At a high
temperature of the high temperature storage of 1000 K, the highest round-trip efficiency is achieved of 68.5%.
The results in Fig. 9 are shown for a low temperature storage temperature of 430 K, a pressure ratio of 3.75,
and a temperature difference in the heat exchangers of 5 K.

The influence of the temperature difference in the heat exchanges (recuperator, HEX1 and HEX2) on the
thermal efficiency is assessed. The results for different temperature differences (3 K, 5 K, and 10 K) are given
(Fig. 10). By decreasing the temperature difference, the recuperation effect increases significantly, resulting in
higher thermal efficiency and higher COP. As a result, the round-trip efficiency increases from 54.9% to
57.2%,up to 58.1%, for a temperature of the high temperature storage of 800 K, with the change of temperature
difference from 10 K, to 5 K, up to 3 K. However, the minimum temperature difference in the heat exchanger
determines the heat transfer area. Lower recuperator temperature difference requires a larger recuperator size.

The design of the recuperator needs to account for the challenging operating conditions at high temperature
and high pressure, as well as the requirement for a large heat transfer area, especially when a small temperature
difference is needed. Printed Circuit Heat Exchanger (PCHE) has been implemented in the supercritical CO»
gas turbines, specifically when the gas turbine heat source is nuclear energy or solar energy. Their characteristic
manufacturing process, diffusion welding, and material choice (316L SS, Inconel 625/718, Titanium,
Hastelloy) enable operation at extremely high temperatures and pressures. Several manufacturers have noted
the extreme conditions (up to 1000 °C and 50 MPa) under which PCHEs operate, the extremely small
temperature difference (up to 3 K), and the extremely large surface area density (up to 2500 m?/m?3).

The practical implementation of the proposed supercritical CO, heat pump / gas turbine system is
conditioned by the development of suitable materials and devices operating at extremely high temperatures
and pressures. Turbomachinery research in gas turbine systems has demonstrated that operation at such
extreme conditions is possible, reaching gas turbine inlet temperatures of 1600 °C with gas turbine cooling
systems [15]. Furthermore, the development of PCHE allows the operation of heat exchangers at extreme
pressure differentials. Hereby, the research and development of turbomachinery and heat exchangers provide
the foundation for the proposed system.

Another technical challenge is the efficient and safe long-term storage of CO, at high temperature and high-
pressure conditions. In the literature, several studies show the use of CO, storage at high pressure and at high
temperature in the order of 800 K, demonstrating the technical feasibility of such operating conditions [19],
[20]. This aligns with the thermodynamic results presented in this paper, which indicate that the increase in
round-trip efficiency is slower when the temperature in the high temperature storage exceeds 800 K. These
results suggest that the use of expensive materials capable of withstanding higher temperatures and high
pressures will not lead to substantial performance benefits. Still, to identify the corresponding practical design
trade-offs, a technoeconomic analysis is needed, which is left for future work. Although the storage of CO; at
high pressure and temperature, intended for utility-scale energy storage, is challenging, the experience and
available equipment for compressed air energy storage and compressed CO; energy storage [20] (which are
commercially available as a grid-scale energy storage solution) provide a relevant technological basis for the
development of the proposed storage. Also, safety requirements can be addressed from a system level design
perspective. Note that, the round trip efficiency demonstrated in this paper emerges from the heat pump / gas
turbine cycle and remains relevant regardless of whether the storage medium is molten salts or CO,. Molten
salts reduce the high-pressure storage requirement. Additionally, compared to compressed fuel storage (e.g.,
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compressed hydrogen), the proposed system has comparatively fewer safety issues because no flammable gas
is stored. However, further system-level design should involve the integration of the proposed system into
hybrid energy storage solutions, whereby chemical energy storage is used to provide long-term storage and is
complemented with the supercritical CO, system that provides short-term (e.g. weekly), high-efficiency
storage. In this case, the storage volume, pressure, and associated safety concerns are reduced.
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Figure 9 Influence of the turbomachinery isentropic efficiency on the round-trip efficiency
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Figure 10 Influence of the temperature difference in heat exchangers on the round-trip efficiency

4. Conclusions

An original energy storage system consisting of a supercritical CO, heat pump to convert excess electrical
energy into high temperature heat, and a supercritical CO, gas turbine to convert the high temperature heat
back to electrical energy is presented. Hereby, CO, or molten salts are proposed as the storage medium in the
low temperature storage and the high temperature storage. The thermodynamic models of the supercritical CO-
gas turbine and the supercritical CO, heat pump are developed in MATLAB/CoolProp. Both the heat pump
cycle and the gas turbine cycle, as well as both the low temperature heat storage and the high temperature heat
storage, are integrated. A positive temperature difference is maintained in all heat exchangers at both the hot
and the cold sides. The results for the assessment of the round-trip efficiency of the system under different
design and operation conditions lead to the following conclusions:

e Increasing the high temperature storage temperature at the cold side results in higher thermal
efficiency and a lower COP. The round-trip efficiency increases from 36.7% to 62.1% for a
temperature increase from 450 K to 1000 K. Due to the limitation of the maximum temperature, a

high temperature storage temperature of 800 K is recommended, leading to a round-trip efficiency of
57.2%.
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e Increasing the low temperature storage temperature at the hot side results in lower thermal efficiency
and a higher COP. The round-trip efficiency slightly increases from 57.3% to 58.5% for a temperature
increase from 350 K to 400 K and then decreases towards 43.1% for 500 K.

e The pressure ratios of the proposed cycles are low. An increase in the pressure ratio from 2.75 to 3.75,
for the temperature conditions at the high temperature storage of 800 K, causes a round-trip efficiency
increase from 51.8% to 57.2%. For lower temperatures, the influence of the pressure ratio is more
pronounced.

e The turbomachinery isentropic efficiency strongly influences the round-trip efficiency. For the three
considered configurations, with compressor isentropic efficiency and gas turbine isentropic efficiency
of 75% and 80%, 80% and 85%, and 85% and 90%, a round-trip efficiency of 49.6%, 57.2% and
64.2% is achieved, respectively.

e A positive temperature difference is maintained in all heat exchangers. A decrease in the temperature
difference from 10 K to 3 K, increases the recuperation effect and the round-trip efficiency from
54.9% to 58.1%.

The presented results support the development and further investigation of the supercritical CO; heat pump
/ gas turbine system as a competitive energy storage technology for decarbonisation of the energy sector.

Nomenclature

I, — compressor work (kJ kg™

l; — expander work (kJ kg™

Qin — specific heat input in cycle (kJ kg™)
Qout — specific heat output in cycle (kJ kg™)
1. — compressor isentropic efficiency (-)

ne — expander isentropic efficiency (-)

1 — gas turbine system thermal efficiency (-)
COP — coefticient of performance (-)

h — enthalpy (kJ kg™!)

p — pressure (MPa)

s — enthalpy (kJ kg' K1)

T — temperature (K, °C)

AT — temperature difference (K)

Aq — additional heat generated in the gas turbine cycle (kJ kg™!)

Acknowledgements

This research is conducted within the EU-project HERMES (highly efficient supercritical zero emission
energy system) project, supported by the European Union’s Horizon Europe Research and Innovation program
under Grant Agreement No. 101083748.

References

[1]  J. Twitchell, K. DeSomber, and D. Bhatnagar, “Defining long duration energy storage,” J. Energy
Storage, vol. 60, p. 105787, Apr. 2023, doi: 10.1016/j.est.2022.105787.

[2] J. McTigue and Z. Ma, “Analysis of pumped thermal energy storage using particle media integrated
with concentrating solar power,” Sol. Energy, vol. 292, p. 113436, May 2025, doi:
10.1016/j.solener.2025.113436.

[3] M. Morandin, F. Maréchal, M. Mercang6z, and F. Buchter, “Conceptual design of a thermo-electrical
energy storage system based on heat integration of thermodynamic cycles — Part A: Methodology and
base case,” Energy, vol. 45, no. 1, pp. 375-385, Sept. 2012, doi: 10.1016/j.energy.2012.03.031.

[4] O.Dumont, G. F. Frate, A. Pillai, S. Lecompte, M. De Paepe, and V. Lemort, “Carnot battery
technology: A state-of-the-art review,” J. Energy Storage, vol. 32, p. 101756, Dec. 2020, doi:
10.1016/j.est.2020.101756.

11


https://doi.org/10.23697/hqjv-q772

(3]

(6]

(7]

(8]

(9]

[10]

[11]

[12]

[15]

(18]

[19]

[20]

15th | EA Heat Pump Conference 2026 - OTI1.3 - https://doi .org/10.23697/hgjv-772

S. Rech, P. Danieli, G. Carraro, and A. Lazzaretto, “Multi-objective optimization of Pumped Thermal
Energy Storage for large scale applications,” Energy, vol. 334, p. 137607, Oct. 2025, doi:
10.1016/j.energy.2025.137607.

X. Liu, K. Wang, and Q. He, “Compressed carbon dioxide energy storage: a comprehensive review of
principles, research progress and prospects,” Energy, vol. 324, p. 136028, June 2025, doi:
10.1016/j.energy.2025.136028.

A. Risco-Bravo, C. Varela, J. Bartels, and E. Zondervan, “From green hydrogen to electricity: A
review on recent advances, challenges, and opportunities on power-to-hydrogen-to-power systems,”
Renew. Sustain. Energy Rev., vol. 189, p. 113930, Jan. 2024, doi: 10.1016/j.rser.2023.113930.

S. Girelli, D. Alfani, E. Morosini, and M. Astolfi, “Optimal design of CO2 Carnot battery technology
for long duration energy storage,” Energy Convers. Manag., vol. 344, p. 120269, Nov. 2025, doi:
10.1016/j.enconman.2025.120269.

L. Qiao, W. Pu, B. Wu, R. Liu, and N. Song, “Performance study of a supercritical carbon dioxide
energy storage system with non-uniform graded compression heat recovery,” Energy, vol. 313, p.
133876, Dec. 2024, doi: 10.1016/j.energy.2024.133876.

D. Gao, D. Jiang, P. Liu, Z. Li, S. Hu, and H. Xu, “An integrated energy storage system based on
hydrogen storage: Process configuration and case studies with wind power,” Energy, vol. 66, pp. 332—
341, Mar. 2014, doi: 10.1016/j.energy.2014.01.095.

P. Tafur-Escanta, R. Valencia-Chapi, M. Lopez-Guillem, O. Fierros-Peraza, and J. Mufioz-Anton,
“Electrical energy storage using a supercritical CO2 heat pump,” Energy Rep., vol. 8, pp. 502507,
June 2022, doi: 10.1016/j.egyr.2022.01.073.

M. Marchionni, G. Bianchi, and S. A. Tassou, “Transient analysis and control of a heat to power
conversion unit based on a simple regenerative supercritical CO2 Joule-Brayton cycle,” Appl. Therm.
Eng., vol. 183, p. 116214, Jan. 2021, doi: 10.1016/j.applthermaleng.2020.116214.

S. Girelli, E. Morosini, D. Alfani, and M. Astolfi, “Design and Techno-Economic Assessment of a
Transcritical CO2 Pumped Thermal Energy Storage System,” Energy, p. 138902, Oct. 2025, doi:
10.1016/j.energy.2025.138902.

M. Sharevska, M. Sharevska, G. Hoogsteen, J. Hurink, A. Pozarlik, and Y. Hajimolana, “Thermal
characteristics of supercritical CO2 gas turbine cycles integrated with renewable methanol generation
systems,” Conf. Proc. Eur. SCO2 Conf. Ed. Eur. Conf. Supercrit. CO2 SCO2 Energy Syst. April 09—
11, vol. 2025, p. 275, Apr. 2025, doi: 10.17185/DUEPUBLICO/83270.

M. Sharevska, M. Sharevska, G. Hoogsteen, J. Hurink, A. Pozarlik, D. Katsourinis, D. Giannopoulos,
M. Founti, and Y. Hajimolana, “Thermal Characteristics of Supercritical CO2 Gas Turbine Cycle
Integrated with Renewable Methanol Generation System,” Energy, p. 139424, Nov. 2025, doi:
10.1016/j.energy.2025.139424.

M. Sharevska, M. Sharevska, G. Brem, G. Hoogsteen, J. Hurink, and Y. Hajimolana, “Systematic
integration of high temperature heat pumps in industrial multi-energy systems,” Appl. Therm. Eng.,
vol. 278, p. 127440, Nov. 2025, doi: 10.1016/j.applthermaleng.2025.127440.

A. Boretti and S. Castelletto, “High-temperature molten-salt thermal energy storage and advanced-
Ultra-supercritical power cycles,” J. Energy Storage, vol. 42, p. 103143, Oct. 2021, doi:
10.1016/j.est.2021.103143.

M. T. White, G. Bianchi, L. Chai, S. A. Tassou, and A. 1. Sayma, “Review of supercritical CO 2
technologies and systems for power generation,” Appl. Therm. Eng., vol. 185, p. 116447, Feb. 2021,
doi: 10.1016/j.applthermaleng.2020.116447.

J. Lou, J. Wang, J. Xia, Y. Du, P. Zhao, and S. Wang, “Thermodynamic analysis and performance
evaluation of a novel energy storage-based supercritical CO2 power system with ejector driven by
nuclear energy,” Energy Convers. Manag., vol. 272, p. 116368, Nov. 2022, doi:
10.1016/j.enconman.2022.116368.

F. Dewevre, C. Lacroix, K. Loubar, and S. Poncet, “Carbon dioxide energy storage systems: Current
researches and perspectives,” Renew. Energy, vol. 224, p. 120030, Apr. 2024, doi:
10.1016/j.renene.2024.120030.

12


https://doi.org/10.23697/hqjv-q772

